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Abstract
For developing a sustainable power system, the key is to maximize the use of
available resources with minimal impact on the environment. One technique of
achieving this is waste heat recovery. In this study, the combined cycles are proposed based on the concept of gas turbine waste heat recovery which comprise of
two parts: topping gas turbine and bottoming sCO2 Brayton power cycles. The
combined cycle configurations selected for thermodynamic analysis are the combined gas turbine simple regenerative sCO2 cycle (CGTSRC), the combined gas
turbine recompression sCO2 cycle (CGTREC) and the combined gas turbine preheating sCO2 cycle (CGTPHC). The energy and exergy analysis are conducted to
investigate the power production, exhaust heat recovery, energetic and exergetic
efficiencies of selected cycles for variation in mass flow rate, mass split percentage
and compression ratio. Using Engineering Equation Solver (EES) software, the
thermodynamic calculations and optimization are carried out to find the design
point which provide maximum exergetic efficiency.
In addition to determination of design point, the comparison of selected combined
cycles is performed with simple gas turbine cycle (SGT) and conventional air bottoming combined cycle (ABC) to highlight the thermodynamic and environmental
significance of sCO2 bottoming power cycles. For comparison, heat recovery, power
output of combined and bottoming cycles, mass flow rate, energetic efficiency, exergetic efficiency and environmental impact are considered as the key performance
parameters. The results and comparison indicate that optimum cycle configuration is CGTPHC which provide energy efficiency of 46.8%, exergy efficiency of
64.8% and 47.3 MW combined power output. Moreover, the energetic and exergetic performance of combined supercritical CO2 cycles are better than ABC cycle
and SGT cycle.
The turbomachinery (compressor and turbine) of optimum bottoming sCO2 power
cycle are designed which include the determination of accurate geometry and efficiency using preliminary and 1D mean line design methods. A robust design code
is developed in MATLABr coupled with REFPROP property library for retrieval

ix
of sCO2 properties. The compressor design code is validated with experimental
results taken from literature. The efficiency of compressor and turbine calculated
from the turbomachinery design code are 81.2% and 86.17%, respectively.
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Chapter 1
Introduction

1.1

Overview of Gas Turbine Waste Heat
Recovery

In many countries, large portion of power production is shared by gas turbines.
The design as well as performance of gas turbines have been improved due to
considerable efforts in research and development. The improvements in materials
and cooling technologies allowed gas turbine to work at large temperatures and
pressures which significantly enhances the power capacity and efficiency of the gas
turbine cycle. The technology advancements and development of new gas turbines
has increased the efficiency of the standalone gas turbine cycle up to 40% [1]. To
enhance the specific work of the gas turbine cycle, reheat and inter-cooling are
employed by various manufacturers. Reheating increases the expansion work of
the turbine, whereas inter-cooling decreases the compression work (or back work
ratio) of the gas turbine cycle, consequently the specific work increases.
Gas turbines work on the principle of Brayton cycle in which there are four processes; compression, combustion, expansion and exhaust. The air at ambient
conditions enter the compressor and is compressed to high pressure. Air is then
transferred to combustion chamber where combustion gases are produced at high
temperature and pressure. The combustion gases then travel to the turbine where
1
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expansion occurs and power is produced. After expansion process in turbine, the
exhaust gases are lost to the environment. These exhaust gases carry combustion
products at high mass flow and temperature and they are major source of pollution
and global warming. The temperature of exhaust gases is usually in the range of
400 ◦ C to 600 ◦ C [1, 2] and they have enough thermodynamic potential (exergy)
to produce more power.
The performance of gas turbine cycle can significantly be improved by recovering
the high temperature exhaust gases for useful purposes. Recuperation is one of
the common techniques used for many years, in which heat from exhaust gases is
extracted with the help of a recuperator to preheat the air entering the combustion
chamber. The recuperation increases the fuel efficiency of gas turbine cycle; however, it is limited by the compressor outlet temperature. Recuperation is adopted
by several commercial gas turbines which experienced approximately 10% increase
in thermal efficiency [1].
An alternative technique to utilize high temperature exhaust gases is by employing
heat recovery power cycle known as bottoming cycle [3]. Integration of bottoming
cycle not only increases the fuel efficiency of the gas turbine but also takes part
in the reduction of environmental emissions [4]. A well-known combined cycle
is gas turbine-steam Rankine cycle, also known as conventional combined cycle.
The conventional cycle comprises of topping cycle gas turbine and steam Rankine
bottoming cycle. The exhaust heat from topping cycle is utilized to produce steam
in a heat recovery steam generator which in turn is transferred to steam turbines
for power production. Heat recovery at two or three pressure levels is mostly
applied to enhance power capacity of the combined cycle. Power output in the
range of 500-600 MWe with efficiency of almost 58-60% can be produced using
conventional combined cycle [1]. However, the conventional combined cycle needs
large capital investment and maintenance cost due to presence of two or more heat
recovery steam generators, heavy duty gas turbines and water purification system
to maintain steam quality. Therefore, the steam Rankine bottoming cycle is not
proved to be an economically feasible option in the power production range of
40-50 MW [5, 6].
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To improve the performance of small scale gas turbines, air bottoming cycle (ABC)
is recently industrialized [7]. ABC [8–10] has comparatively simple configuration,
it comprises of a compressor, a heat exchanger and an expander. It has simple
operation because of absence of heavy steam equipment and water purification
system. Various studies showed the thermodynamic and economic feasibility of
ABC [5, 10–13]. ABC has ability to enhance the specific work of gas turbine by
15.4% and provide 13.3% average reduction in the specific fuel consumption (SFC)
of the gas turbine [4]. However, it is reported that ABC requires large and heavy
regenerator; a regenerator weighing 45 tons is required for 6.6 MW gas turbine
[12].
In recent decades, organic Rankine cycles (ORCs) are investigated as a bottoming
cycle for utilization of waste heat from various sources. Organic fluids such as
R123, R113, R12 and ammonia can be used as a working fluid in these cycles
[14, 15]. An extensive research has been done on thermodynamic analysis and
comparison of different configurations of ORCs [16–18]. Different choices of organic
fluids are suggested by researchers for different kinds of heat sources. R123 is found
to be the best option among R12, R123, R134a and R717 for power conversion from
low grade heat source [19]. Similarly, cyclohexane working fluid was suggested for
ORCs coupled with biomass heat source [20]. To recover biogas waste heat, the
subcritical and supercritical ORCs are also investigated using R245fa as working
fluid [21]. Although there is an active research going in the field of ORCs based
on different working fluids for power generation, however, some of the limitations
of the organic fluids are yet challenging. For example, organic fluids such as R11,
R12, R113 and R123 are expensive and contain chloro-fluoro carbons (CFCs)
which are harmful for ozone layer [22]. Organic fluids are limited to low grade
waste heat mainly because of their low chemical stability. Moreover, the selection
and screening procedure of organic fluids for different temperature ranges of heat
sources is difficult. Their turbine designs are challenging especially for some wet
organic fluids which, after expansion in turbine, cause erosion of the turbine blades
[23]. In addition, the constant temperature heat addition process in the heat
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recovery heat exchanger of ORC creates pinching which restricts the performance
of the heat exchanger.

1.2

Supercritical Carbon Dioxide Power Cycles

Due to the depletion of fossil fuels and serious environmental concerns, the researchers and industrialists are working on the environment friendly alternatives.
Supercritical carbon dioxide (from here referred to as sCO2 ) got attention of the
researchers because of its unique thermo-physical properties near critical point.
CO2 attains supercritical state above 31 ◦ C (304 K) and 7.4 MPa. The properties
of carbon dioxide especially specific heat (Cp ) and density (ρ) near the critical
point show large variations as shown in Figures 1.1 and 1.2. Because of these
variations, ideal gas assumption is invalid and use of latest thermodynamic property data should be used for calculations. The thermodynamic data in this study
is taken from Engineering equation solver (EES) and Reference Fluid Thermodynamic and Transport Properties (REFPROP) [24] for sCO2 cycle analysis and
turbomachinery design respectively. Also, the compressibility factor of sCO2 near
critical point is lower, i.e. 0.2-0.5 due to which less compression work is required
which is reflected in high thermal efficiency of sCO2 cycle. In case when conditions
are far away from the critical point, i.e. at large temperatures and pressures, the
properties show comparatively smooth (linear) behaviour as shown in Figures 1.1
and 1.2. Hence, ideal gas relations can be employed for operation far from critical
point as in the case of sCO2 turbine. sCO2 offers benefits as clean working fluid
for power production because it has zero ozone depletion potential [25]. It is relatively inexpensive, nontoxic and abundant in nature [26, 27]. Compared to steam,
sCO2 is less corrosive at the same temperature which is helpful in maintaining
large turbine inlet temperature (TIT). In addition, sCO2 power cycles require 10
times smaller turbo machinery because of large pressure (>7.4 MPa) and density
(shown in Fig 1.2) compared to the steam Rankine cycle [28].
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Figure 1.1: Variation of specific heat (Cp ) of CO2 near the critical point.

Figure 1.2: Variation of density of CO2 near the critical point.

Supercritical CO2 power cycle was first proposed by Sulzer in 1948 [29]. Later
on, Feher [30] studied the feasibility of supercritical CO2 regenerative cycle for
power and propulsion. A number of theoretical and experimental studies are
carried out on sCO2 cycles for applications in nuclear, solar, wind, geothermal
and waste heat sources. Researchers have analyzed the performance of sCO2 power
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cycles at different turbine inlet temperatures and performed a comparison with the
conventional steam Rankine cycle. Similarly, Klemencic et al. [31] compared the
performance of supercritical and transcritical CO2 cycles with steam Rankine cycle
for waste heat recovery of cement industry. They concluded that power output and
thermal efficiency of both supercritical and transcritical CO2 cycles are better than
the steam Rankine cycle. Dostal et al. [26, 32, 33] investigated the thermodynamic
performance of supercritical CO2 cycles and found that sCO2 cycles can achieve
higher efficiency compared to steam Rankine cycle when TIT > 550 ◦ C. Moreover,
studies have also revealed that sCO2 cycle has simpler structure and requires less
space because of the compact turbomachinery and heat exchangers as compared
to the steam Rankine cycle [28, 34]. sCO2 cycles can yield 38 to 50% thermal
efficiency at mild turbine inlet temperatures of 450 to 600 ◦ C [26, 35].

1.3

Problem Statement

From the above discussion it can be concluded that sCO2 cycle is the most viable
option for exhaust heat recovery of gas turbine cycle. So, in this study sCO2 power
cycles are presented for improving the thermal efficiency of the medium scale gas
turbine using waste heat recovery. The objective of this work is

• To improve the efficiency of gas turbine cycle with the help of waste heat
recovery using sCO2 bottoming power cycles.
• To study the performance of bottoming and combined sCO2 power cycles.
• To identify the optimal sCO2 bottoming cycle configuration based on energy,
exergy and environmental impact analysis.
• To compare the performance of combined sCO2 power cycles with Air bottoming cycle (ABC).
• To design the turbomachinery for optimal sCO2 power cycle configuration.
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Scope of the Work

In this study, three configurations of sCO2 power cycle are selected as bottoming
cycle of gas turbine cycle. The thermodynamic (energy and exergy) performance
of the selected cycles is compared and optimal cycle is selected based on thermodynamic optimization. In first stage, energy analysis is carried out to investigate
heat recovery, power output and energy efficiency of the bottoming and combined
cycle. In second stage exergy analysis is performed to compute exergy efficiencies
and component wise exergy destruction rates. The environmental benefit of sCO2
cycles as a result of waste heat recovery is also computed. The optimum performance point of each cycle is determined using Genetic method. The energy and
exergy performances of sCO2 cycles are compared with standalone gas turbine
cycle and air bottoming cycle (ABC) to quantify the advantages of waste heat
recovery. In the third stage, comparative analysis is carried out to determine the
best possible configuration (or optimal configuration) of sCO2 bottoming cycle
for the waste heat recovery of the gas turbine. The compressor of optimal cycle
configuration is designed using preliminary and 1D mean line design method in
the fourth stage. Finally, turbine design for optimal cycle configuration is done
using preliminary and 1D mean line design method. Moreover, the compressor and
turbine design codes are linked with the thermodynamic analysis of the optimal
cycle to compute updated energy and exergy performance parameters.

1.5

Thesis Outline

The entire thesis is divided into following chapters:
Chapter 2:
In this chapter, detailed literature on the thermodynamic analysis and optimization of supercritical carbon dioxide cycles is presented.
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Chapter 3:
This chapter first describes the configurations of combined gas turbine-supercritical
CO2 cycles. Then, the energy and exergy models of each component of the cycle
are developed. The methodology adopted to analyze and optimize the performance
of the combined cycles is delineated along with description of operating parameters and assumptions. In addition, validation of the methodology is performed
with the data in literature.
Chapter 4:
This chapter presents the detailed analysis of the results obtained from the thermodynamic optimization. Moreover, comparative analysis is described based on
certain performance criteria to find the optimal cycle configuration.
Chapter 5:
This chapter focuses on the compressor and the turbine design for optimal configuration of sCO2 bottoming cycle. First of all, type of compressor is specified
based on operating conditions from thermodynamic analysis. Then, preliminary
sizing approach is adopted to estimate the size and efficiency of the compressor.
After that, accurate geometry and efficiency of the compressor is computed using
1D mean line design technique and validation of the design code is carried out
using experimental results from literature.
For turbine design, type of turbine is specified based on operating conditions from
the thermodynamic analysis. Then, preliminary sizing approach is adopted to
estimate the size and efficiency of the turbine. Moreover, accurate geometry and
efficiency of the turbine is computed using 1D mean line design technique.
Lastly, the updated performance of turbomachinery computed from the design
codes is linked with thermodynamic analysis code of sCO2 cycles for calculation
of accurate cycle performance.
Chapter 6:
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This chapter presents conclusions and highlight the key areas for improvement as
a future work.

Chapter 2
Literature Review
Supercritical carbon dioxide power cycles have prove to be a promising technology
owing to non-toxic nature of sCO2 working fluid, smaller size footprint and higher
efficiency of the power cycle as compared to the conventional steam Rankine cycle.
Ahn et al. [28] showed that sCO2 power cycle exhibit higher efficiency for large
range of temperatures as compared to the steam Rankine cycle, air Brayton cycle,
ORCs and combined cycle gas turbine. Hence, sCO2 power cycles have ample
potential to be realized as bottoming cycle of topping gas turbine cycle. Various
bottoming power cycle technologies for waste heat recovery of topping gas turbine
are summarized in Chapter 1. In this Chapter, the prior studies on thermodynamic
analysis and feasibility of supercritical carbon dioxide power cycles in various
applications are discussed.
Feher [30] proposed and analyzed the first sCO2 power cycle with regeneration
and identified the problem of pinch point in the regenerator which create large
irreversibility in heat transfer. To eliminate the pinch point problem and enhance
the cycle thermal efficiency, various layouts of sCO2 cycles are investigated by researchers. Dostal et al. [26] conducted an extensive study on sCO2 power cycles for
nuclear reactors and proposed recompression cycle layout to overcome pinch point
problem in regenerators. Similarly, Angelino [36] also studied different layouts of
sCO2 power cycles and found that the most efficient cycle layout is the recompression cycle layout. Later on, numerous studies adopted recompression cycle for
10
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nuclear, solar and low-grade waste heat sources. Fahad et al. [37] analyzed and
compared the thermal efficiency and power output of five layouts of sCO2 power
cycles integrated with solar power tower-heliostat field. They concluded that recompression cycle layout produced higher power output and thermal efficiency
compared to simple, simple recuperated, pre-compression and split expansion cycle layouts. Various prominent studies on supercritical CO2 power cycles in the
arena of nuclear, solar and biomass energy sources are summarized in Table 2.1.
Several other sCO2 power cycle layouts are suggested and investigated by authors
for different type of heat sources. These power cycle layouts are designed using
combinations of intercooling, reheating and recuperation processes with a goal
to enhance the thermal performance of the sCO2 power cycles. The layouts are
broadly classified into two types: single flow and split flow layouts. The simpler
one is the simple regenerative sCO2 power cycle or simple recuperative sCO2 power
cycle usually considered as the benchmark to compare the performance of other
recuperative layouts. Ahn et al. [28, 38] carried out a thermodynamic performance
analysis and comparison of twelve layouts of sCO2 power cycles for sodium-cooled
fast reactor (SFR) application which include six single flow and six split flow cycle
layouts. The single flow layouts are intercooling, reheating, inter-recuperation,
precompression and split expansion layouts. Whereas, split flow layouts are recompression, preheating, modified recompression, turbine split flow-1, turbine split
flow-2 and turbine split flow-3 cycle layouts. The results showed the recompression
sCO2 cycle layout as the highest efficiency layout but at the expense of larger heat
transfer area (or larger size of recuperator).
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Various authors endeavor to improve the energy efficiency and power output of
sCO2 bottoming power cycles for gas turbine exhaust heat recovery. Kim et al.
[46] compared the thermodynamic performance of nine different layouts of sCO2
bottoming cycles for exhaust heat recovery of 5 MWe landfill gas fired gas turbine.
The comparison is done based on the first law of thermodynamics and plant size.
They concluded that the recompression cycle layout is not suitable as a bottoming
cycle because of smaller heat recovery from the gas turbine exhaust which also
reduced its specific work compared to other layouts. However, they suggested partial heating cycle (in some literature known as preheating cycle) and dual heated
and flow split cycle as the optimum bottoming power cycles because of higher
power output and smaller size footprint. Mohagheghi et al. [47] conducted the
thermodynamic optimization of sCO2 simple recuperated and recompression cycle
layouts based on waste heat stream at mass flow rate of 100 kg/s. They emphasized that the prime objective in the optimization of bottoming sCO2 cycles should
be to maximize heat recovery and power output of the power cycle rather than
thermal efficiency. Furthermore, they concluded that recompression bottoming
cycle produce smaller power output compared to simple recuperated cycle.
Wright et al. [48] studied the thermo-economic performance of four recuperated
bottoming cycle in conjunction with LM-2500PE gas turbine (a 25 MWe general
electric gas turbine). The analyzed layouts are simple recuperated, cascaded, dual
recuperated and preheating cycles. Although, the authors didn’t explained the
methodology they adopted but concluded that the selected sCO2 bottoming cycles increased the efficiency of gas turbine from 35.5% to nearly 49%. Moreover,
the authors found that the maximum combined cycle efficiency with reasonable
increase in annual revenue is shown by preheating bottoming cycle. In an effort
to enhance the waste heat recovery utilization and power output of the bottoming
sCO2 cycle, Marchionni et al. [49] proposed preheating with precompression bottoming cycle layout and compared it with previously proposed sCO2 cycle layouts
as discussed earlier. They found that the preheating with precompression layout is
able to achieve comparatively higher power output, whereas, the highest economic
effectiveness is achieved by simple recuperated cycle layout owing to lower size foot
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print. An extensive comparative analysis on large scale bottoming sCO2 power
cycles is conducted by Cho et al. [50]. They evaluated the performance of simple,
combined and cascade sCO2 bottoming power cycles integrated with topping 288
MW gas turbine (Siemens SGT5-4000F). Furthermore, they compared the power
output as well as the size of sCO2 bottoming cycles with steam Rankine bottoming cycle and found that cascade cycle produce greater power output than steam
Rankine bottoming cycle and other sCO2 cycle layouts adopted in this study. In
addition, they also concluded that combination of two cycles as bottoming cycle
is not prove to be an attractive option owing to smaller power output and larger
size. Kimzey [51] also presented a comparison between sCO2 bottoming power
cycles and steam Rankine bottoming power cycles (SRBC) integrated with topping gas turbine (Siemens H-class and LM6000) and found that both simple and
intercooled sCO2 bottoming cycles displayed larger power output compared to the
SRBC in case of LM6000 gas turbine. Further studies on sCO2 power cycles in
the scope of waste heat recovery from gas turbine and other industrial sources are
summarized in Table 2.2.
In addition to the theoretical analysis and optimization of sCO2 power systems,
experimental work is also going on in various institutes and research centers around
the world. Sandia National laboratories (SNL) in US developed a 240 kWe experimental test loop comprise of recompression cycle run at pressure ratio of 1.65,
revolution speed of 50,000, 67% compressor isentropic efficiency and 87% turbine
isentropic efficiency [52]. Moreover, SNL also constructed the simple Brayton cycle
test loop having power capacity of 10MWe at cycle TIT of 550 ◦ C [53]. The test
loop performed well in situations of variable conditions. Similarly, Echogen power
system designed a 250 kW sCO2 cycle experimental test system based on waste
heat recovery [54]. The main focus of these test loops is to identify and minimize
the losses occurring in the components, to improve the performance of turbomachinery and heat exchangers and to scale up the power capacity of the cycle. These
experimental test loop plays important role in validation of cycle thermodynamic
and component design codes. Some other test loops are functional in Korea Advanced Institute of Science and Technology (KAIST, Korea) [28] and Institute of
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Applied Energy (IAE) in Japan.
The design of turbomachinery (turbine and compressor) of sCO2 cycle is equally
important as the cycle thermodynamic optimization since the overall efficiency of
the sCO2 power cycle is influenced by the efficiency of turbomachinery. So far, the
practice is to assume efficiency of the compressor and turbine and kept as constant
during thermodynamic analysis at different operating conditions. Though, the
turbine and compressor efficiency depend on the cycle operating parameters. Thus,
the turbomachinery performance should be calculated in conjunction with cycle
thermodynamic analysis in order to obtain realistic results at variable operating
conditions.
Both theoretical and experimental works are being done on performance prediction of the compressor and turbine of sCO2 power cycles. However, more attention
is made on the design of compressor since it operates near the critical point where
there are sharp variations in density and specific heat of CO2 . Due to large variations in properties near critical point, the sCO2 compressor design method is
different from the previous methods. The previous design methods adopted for
compressors of air and steam cycle are based on ideal gas assumption but these
methods cannot be applicable for sCO2 compressor because of nonideal behavior
of CO2 near critical point as explained in Chapter 1. In literature, the theoretical
design of turbomachinery is followed using four steps: 1) Preliminary sizing, 2) 1D
Mean Line design 3) CFD simulation and 4) Validation. Giuseppe et al. [55] used
the preliminary sizing and CFD simulation to design the radial turbomachinery for
simple regenerative sCO2 power cycle. They computed 70% turbine efficiency and
76% compressor efficiency. Lee et al. [56] employed the preliminary design method
to design the compressor, recompressor and turbine for recompression sCO2 cycle
layout integrated with small modular nuclear reactor.
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Lee et al. [64] also suggested the modified 1D mean line design method for design
of radial turbomachinery for water cooled small modular nuclear reactors. In this
study, they considered the enthalpy losses occurring in the turbomachinery and
based on that performance is evaluated and results are validated with experimental
results of Sandia National laboratories (SNL). Spazzoli [65] developed 1D mean line
design code combined with cycle thermodynamic analysis for design of axial and
radial turbomachinery. He validated the design code with experimental results and
applied it to design the turbomachinery of recompression sCO2 cycle integrated
with solar power tower. Recent studies on design of sCO2 turbomachinery includes
the study of Liu et al. [66], Khadse et al. [67], Lee et al. [68], Sanghera et al.
[69], Oh et al. [70] and Monje et al. [71]. The main intent of these authors is
to develop accurate design codes which are capable to analyze the performance of
the turbomachinery both in design and off design (variable) conditions.

2.1

Summary

To summarize, the literature reports extensive research being done on theoretical
analysis and optimization of sCO2 power cycles for nuclear, biomass, solar and
waste heat recovery applications. Meanwhile, experiments have also been performed to test the turbomachinery, heat exchangers and overall performance of
the power cycles. Furthermore, efforts are also underway to augment the power
capacity of the experimental test loops which will help in commercialization of the
sCO2 power system in future. However, there is still room to study the performance of bottoming sCO2 power cycles for waste heat recovery applications. Most
of the studies conducted so far on bottoming sCO2 cycles are based on the energy
analysis (or First Law of Thermodynamics) and the comparison of cycle layouts is
done based solely on net power output. It should be noted that the energy analysis only deals with quantity of energy, it doesn’t tell us about the losses occurring
inside the system components and changes in the quality of energy during the process. However, second law of thermodynamics provide information about entropy
generation and energy degradation due to different processes in components of the

Literature Review

23

thermal power system. Therefore, this study considers both the first law (energy
analysis) and the second law of thermodynamics (exergy analysis) to optimize and
evaluate the performance of bottoming sCO2 power cycles and the combined sCO2
power cycles. Comparison of three combined cycle configurations (or layouts) is
conducted to identify the optimum cycle layout based on energy analysis, exergy
analysis and reduction in exhaust gas emissions. In addition, this study also aims
to design the compressor and turbine for optimum layout of bottoming sCO2 power
cycle. Radial turbomachinery is selected and both preliminary method and 1D
mean line design method are used to determine the size and performance of the
turbomachinery.

Chapter 3
Methodology
This chapter starts with description of combined gas turbine sCO2 power cycle
configurations selected for thermodynamic analysis. After that, the thermodynamic models for each component of the cycle are delineated along with operating
conditions and assumptions needed to carry out the calculations. In addition, the
methodology adopted for analysis and optimization is illustrated with the help of
flow diagram.

3.1

Combined Gas Turbine Supercritical CO2
Power Cycles

The combined gas turbine (CGT) supercritical carbon dioxide (sCO2 ) power cycles
chosen for waste heat recovery application are delineated in this section. As discussed in introduction section, there are many configurations available for sCO2
bottoming cycles; however, here the objective is to analyze and argument their
thermodynamic behavior based on their comparison. Therefore, three specific
configurations are selected such that they are an overall representative of all other
presented configurations in literature. Moreover, these specific configurations have
smaller size foot print as compared to other layouts in literature [28, 46]. Two split
flow configurations and one single flow configuration are selected for parametric
24
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analysis and optimization. The combined system comprises of a topping conventional gas turbine and bottoming sCO2 cycle. The topping gas turbine constitutes
a compressor (C1), a combustion chamber (CC) and a turbine (T1). The integrated heat exchanger(s) are present which connects the bottoming cycle with
topping gas turbine. The purpose of IHX is to recover exhaust gas heat expelling
out of the topping cycle gas turbine. The bottoming cycle turbine inlet temperature ’T3 ’, work output and energetic and exergetic efficiencies depends on the
amount of heat absorbed in integrated heat exchanger(s). The schematics of the
combined systems of bottoming supercritical CO2 cycles are shown in Figure 3.1
to 3.3.
The combined gas turbine simple regenerative sCO2 cycle (CGTSRC) is shown in
Figure 3.1. The bottoming cycle is a single flow layout consist of a single IHX
and single recuperator in addition to turbine (T2) and a compressor (C2). The
sCO2 stream absorbed heat in IHX resulted in the increase of bottoming turbine
inlet temperature (T3 ). After expansion in turbine (T2), the sCO2 stream flow
towards the recuperator which recuperates the heat energy exist in the stream,
thus, increases the cycle efficiency. Because of simple recuperation process, this
cycle is considered as the reference configuration in this study for comparing the
results from other configurations.
The two split flow layouts considered are CGT-recompression sCO2 cycle and
CGT-preheating sCO2 cycle. The exhaust temperature of sCO2 turbine is very
high because of low pressure ratio of sCO2 cycles as compared to steam Rankine
cycle and air Brayton cycle, this demand heat recuperation for enhancing thermal
efficiency. Therefore, the purpose of split flow layouts is to enhance recuperation
inside the sCO2 cycle and to augment the heat recovery from exhaust gases. The
combined gas turbine recompression sCO2 cycle (CGTREC) consist of two compressors, i.e. C2 and C3 and two recuperators, i.e. LTR and HTR in the bottoming
cycle. As shown in the Figure 3.2, the sCO2 stream after heated in IHX expands
in the turbine T2 and produces work. The expanded stream then flows to the
high temperature recuperator (HTR) to heat the stream at state 8 and afterward
to low temperature recuperator (LTR) to heat the stream at state 2 coming from
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the compressor (C2). As a result of mass split before the cooler, the difference in
pressures and mass flow created the difference in the specific heats between hot
and cold streams in LTR which improves heat recuperation and improves the first
law efficiency of the cycle [45]. The combined gas turbine preheating sCO2 cycle
(CGTPHC) as shown in Figure 3.3 comprises of two heat recovery units (IHX-1
and IHX-2) for enhancement in heat recovery and one recuperator for collection
of heat from sCO2 turbine in the bottoming cycle. The mass split occurs after
compressor ‘C2’; one stream goes to recuperator and the other one towards IHX-2.
The main difference between CGT-preheating cycle and CGT-recompression cycle
is that in former case the mass flow is split to enhance the heat recovery from
the exhaust gases while in latter case, the mass split reduces the irreversibility in
recuperative heat exchangers (HTR and LTR).

Figure 3.1: Schematic of combined gas turbine simple regenerative sCO2 cycle
(CGTSRC).
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Figure 3.2: Schematic of combined gas turbine recompression sCO2 cycle
(CGTREC).

3.2

Thermodynamic Modeling

The combined cycles, described earlier are modeled by applying first law and second law of thermodynamics on individual components of the power cycles to produce the thermodynamic equations. The following assumptions have been made
for the modeling and analysis:
• All processes are steady state in nature.
• Compression, expansion and heat exchanger processes are adiabatic.
• Compression and expansion processes are non-isentropic.
• Pressure drops in recuperator and heat exchangers are negligible.
The thermophysical properties of sCO2 at each state are retrieved using equation
of state developed by Span and Wagner [72] available in Engineering Equation
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Figure 3.3: Schematic of combined gas turbine preheating sCO2 cycle (CGTPHC).

Solver software. Moreover, air as an ideal gas model is applied to estimate properties of exhaust gas at state 4T. The thermodynamic models derived from energy
and exergy analysis for each component of combined gas turbine sCO2 cycles are
described below. It should be noted that the thermodynamic states in given thermodynamic models below are for Bottoming recompression sCO2 cycle (BREC).
In case of Bottoming Preheating sCO2 cycle (BPHC) and Bottoming simple regenerative sCO2 cycle (BSRC), the thermodynamic models of each component are
same by definition.

3.2.1

Exergy of a System

Exergy is defined as the maximum amount of theoretical useful work obtained
from a thermodynamic system. It is always computed with respect to a dead
state. The dead state or reference state (T0 , P0 ) is defined at the start of the
analysis. According to second law of thermodynamics, exergy is always destroyed
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due to intrinsic irreversibilities in real processes. The exergy balance of general
system can be written as:
Exergy Input - Exergy Output - Exergy destroyed = Exergy increase
In rate basis for a steady state system, the following balance can be applied to
each component of the power system:
X

 X
 X 

dEsys
ĖQ,in − ĖQ,out +
ĖW,in − ĖW,out +
ṁ Ėf,in − Ėf,out − Ėd =
dt
(3.1)

ĖQ and ĖW are the exergy rate associated with heat transfer and work respectively.
Whereas, Ėf is the specific exergy of a fluid steam at particular state, i.e. inlet
or outlet of a component. After neglecting the kinetic and potential energies, it is
defined as:
Ef = hf − h0 − T0 (sf − s0 )

3.2.2

(3.2)

Turbomachinery Thermodynamic Model

Turbomachinery includes compressors and turbines of topping and bottoming
sCO2 power cycles. The energy balance, exergy balance and isentropic efficiency
equation in conjunction with fluid property library in EES are used to compute the
inlet states, outlet states and work of the turbomachinery. The model equations
for turbomachinery of topping and bottoming power cycles are given below.

3.2.2.1

Topping Cycle Compressor (CI)
Wc1 = ṁair [h2,T − h1,T ]

ηc1 =

h2s,T − h1,T
h2,T − h1,T

Ed,c1 = ṁair T0 (s2,T − s1,T )

(3.3)

(3.4)

(3.5)
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Topping Cycle Turbine (TI)
ηt1 =

3.2.2.3

h3,T − h4,T
h3,T − h4,T s

Wt1 = ṁg [h3,T − h4,T ]

(3.7)

Ed,t1 = ṁg T0 (s4,T − s3,T )

(3.8)

Bottoming sCO2 Cycle Compressor (C2)
ηc2 =

3.2.2.4

(3.6)

h2s − h1
h2 − h1

(3.9)

Wc2 = (1 − x) ṁCO2 (h2 − h1 )

(3.10)

Ed,c2 = Wc2 + ṁCO2 (1 − x) [h1 − h2 − T0 (s1 − s2 )]

(3.11)

Bottoming sCO2 Cycle Recompressor (C3)
Wc3 = xṁCO2 (h10 − h6 )

ηc3 =

h10s − h6
h10 − h6

Ed,c3 = Wc3 + ṁCO2 x [h6 − h10 − T0 (s6 − s10 )]

(3.12)

(3.13)

(3.14)
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Bottoming sCO2 Cycle Turbine (T2)
ηt2 =

3.2.3

h3 − h4
h3 − h4s

(3.15)

Wt2 = ṁCO2 (h3 − h4 )

(3.16)

Ed,t2 = −Wt2 + ṁCO2 x [h3 − h4 − T0 (s3 − s4 )]

(3.17)

Combustion Chamber Thermodynamic Model

The energy input to the combined cycle occurs due to combustion in combustion
chamber. The energy balance are as follows.
Qin = ṁf QLHV

(3.18)




ṁf
ṁf
1+
h3,T − h2,T = ηcomb ×
× QLHV
ṁair
ṁair

(3.19)

The fuel consumption ṁf depends on the efficiency of the combustion chamber
ηcomb because the turbine inlet temperature (T3T ) of topping gas turbine is fixed,
i.e. 1500 K. The exergy input to the combined power cycle is computed using
following equation [63, 73, 74].

Ex,in = Qin × 1 −



T0
Tin


(3.20)

The Ex,in also represents the exergy of a system at ideal condition [75], where, Tin
is assumed to be equal to T3T . The exergy destruction is determined as,
Ed,cc



Qin
= T0 ṁair (s3,T − s2,T ) −
Tin

(3.21)
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Integrated Heat Exchanger (IHX) Thermodynamic
Model

The exhaust gases coming out of topping gas turbine at state 4T enters the heat
recovery units (IHXs) where heat is exchanged between hot fluid (exhaust gases)
and cold fluid (supercritical carbon dioxide). The IHX is modelled using effectiveness method [76] according to which effectiveness is defined using either of two
equations.
εIHX =

Cb,CO2 (T3 − T5 )
Cmin (T4T − T5 )

(3.22)

εIHX =

Cexh (T4T − T5T )
Cmin (T4T − T5 )

(3.23)

or

Where, Cmin is the minimum heat capacity between exhaust gases and sCO2 which
are computed using appropriate flow rates and temperature. In case of bottoming
preheating cycle (BPHC), same heat recovery relations are employed for both
IHX-1 and IHX-2.
The heat recovery is computed using energy balance as,
QIHX = Qrecv = ṁCO2 (h3 − h5 )

(3.24)

The exergy input into the bottoming sCO2 power cycle as a result of heat recovery
is given as [63],
Ex,inbot = QIHX




T0
× 1−
Tavg

(3.25)

h4t − h5t
s4t − s5t

(3.26)

Where,
Tavg =

And the exergy destruction is calculated using exergy balance as,
Ed,IHX = [ṁCO2 {h5 − h3 − T0 (s5 − s3 )} + ṁg {h4T − h5T − T0 (s4T − s5T )}]
(3.27)

Methodology

3.2.5

33

Recuperators Thermodynamic Model

The recuperators include HTR, LTR and cooler. The thermodynamic models for
recuperators include the effectiveness equation, energy balance and exergy balance
relations as given below.

3.2.5.1

HTR
h4 − h9 = h5 − h8

εHT R =

h5 − h8
h4 − h9

(3.28)

(3.29)

Ed,HT R = [ṁCO2 {h4 − h9 − T0 (s4 − s9 )} + ṁCO2 {h8 − h5 − T0 (s8 − s5 )}]
(3.30)

3.2.5.2

LTR
(1 − x) (h7 − h2 ) = h9 − h6

(3.31)

Where ‘x’ is the mass split for recompression. Its value ranges from 0.20 to 0.80.
εHT R =

h7 − h2
h9 − h2

(3.32)

Ed,LT R = [ṁCO2 (1 − x) {h2 − h7 − T0 (s2 − s7 )} + ṁCO2 {h9 − h6 − T0 (s9 − s6 )}]
(3.33)

3.2.5.3

Cooler
Qcooler = (1 − x) ṁCO2 (h6 − h1 )

(3.34)
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Ed,cooler = [ṁ (1 − x) {h6 − h1 − T0 (s6 − s1 )}

(3.35)

+ ṁw {hw,in − hw,out − T0 (sw,in − sw,out )}]
3.2.5.4

Mixer Model

Mixer is present between HTR and LTR for mixing two flow streams coming from
compressor and recompressor. The energy and exergy balance are applied to mixer
as shown below [57].

Ed,mix

3.3
3.3.1

h8 = xh10 + (1 − x) h7


Qmixer
T0
= (ṁCO2 s8 ) − (ṁCO2 (1 − x) s10 ) − (xṁCO2 s7 ) −
T8

(3.36)
(3.37)

Performance Parameters
Energy Efficiency

For parametric analysis, mass flow rate ratio (MFRR) is defined as the mass flow
rate in the bottoming cycle with the mass flow rate of topping cycle as,
M F RR =

ṁCO2
ṁair,topping

(3.38)

The net work produced by topping cycle gas turbine and thermal efficiency are
calculated as,
Wnet,T = Wt1 − Wc1

(3.39)


Wnet,T
× 100
ηT =
Qin

(3.40)



The net work output of the bottoming cycle is calculated by taking a difference
of the amount of work generated by turbine and the work consumed by both
compressors (C2 and C3) as shown below for CGTREC,
Wnet,b = Wt2 − Wc2 − Wc3

(3.41)
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The bottoming cycle energy efficiency is calculated using the net-work generated
in bottoming cycle as compared to the heat recovered in IHX,
ηb =

Wnet,b
Qrecv

(3.42)

The total work generated by the plant is the summation of net-work from both
topping and bottoming cycles,
Wtotal = Wnet,T + Wnet,b

(3.43)

The overall plant energy efficiency is calculated using the total work generated by
the plant as compared to inlet fuel power.
ηb =

3.3.2

Wtotal
Qin

(3.44)

Exergy Efficiency

The combined cycle irreversibilities are calculated by the sum of individual irreversibilities (or exergy destruction) of each component as,
IRR = Ed,IHX +Ed,LT R +Ed,HT R +Ed,T 2 +Ed,c2 +Ed,cooler +Ed,c3 +Ed,t1 +Ed,c1 +Ed,cc
(3.45)
The bottoming and combined cycle exergy efficiencies are computed using following relations:
Ex,inbot − IRRb
Ex,inbot

(3.46)

Ex,in − Ex,out − IRR
Ex,in

(3.47)

ηII,b =

ηII,c =

Where, IRRb and IRR represent the total irreversibilities or total exergy destruction due to entropy production in cycle components for bottoming sCO2 cycle and
the combined cycles, respectively. Ex,out represent the exergy loss to environment
which cannot be recoverable.
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Environmental Impact

There are no harmful emissions from bottoming supercritical CO2 cycles since they
are closed cycles. Owing to waste heat recovery, they can aptly benefit earth’s
ecosystem in the form of reducing greenhouse emissions compared to fossil fuel
combined cycles of same power rating. To evaluate the environmental benefits, the
bottoming sCO2 cycles analyzed in this study are compared with fossil fuel cycle
in case of same power output. The reduction in emissions per hour is estimated
using following relation [27, 77]:
MCO2 = αCO2 Wnet,b

(3.48)

The αCO2 is the amount of CO2 released from fossil fuel power plants for 1 kWh
production. It is calculated by using Eq. (3.49). The average operating heat rate
(HR) and emission factor (EF) of natural gas are attained from the latest data
available on US Energy Information Administration website [78]. From the latest
data, the HR and EF of natural gas are 7870 Btu/kWh and 53.07 kgCO2 /millionsBtu, respectively.
αCO2 = HRnaturalgas × EFnaturalgas

(3.49)

The emissions savings estimated from this model are compared for selected cycles
in Chapter 4 to find the optimum cycle which reduce maximum emissions.

3.4

Calculation Methodology

The cycle calculation methodology diagram for CGT-sCO2 cycle is outlined in
Figure 3.4 to illustrate how the cycle thermodynamic analysis is conducted. The
input parameters of topping and bottoming cycles are specified separately. Firstly,
the topping cycle (gas turbine) state points are calculated using energy balance
relations of topping cycle. The bottoming cycle calculation started with the assumption of temperature inlet of IHX, i.e. T8 in case of BPHC, T5 in case of BREC
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and BSRC. Based on component wise energy balance relations as discussed in previous section along with supercritical CO2 property data from EES software, the
thermodynamic properties at each state are calculated. During each iteration heat
recovery in IHX(s) is computed and if the difference of heat recovery between two
iterations is less than 1e-3, the code iterations are converged, and combined cycle
energy and exergy parameters are calculated at the end. Else, the assumed value
is updated, and cycle calculations are repeated until convergence. After that, the
thermodynamic properties at each state are gathered and energy efficiency, exergy
efficiency and exergy destruction in each component are calculated. Furthermore,
exergetic optimization of the combined cycle is performed to find the optimum
performance point at which exergy destruction and losses are minimum or exergy
efficiency is maximum. The entire calculation and optimization are carried out
using Engineering Equation Solver (EES) software. The basic assumptions and
operating parameters for the analysis are outlined in Table 3.1, adopted from Refs.
[10, 36]. The EES code for CGTREC is available in Appendix A1 for validation
and testing purposes.
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Table 3.1: Operating parameters for combined cycle calculations.

Parameters
Value
Topping Conventional Gas Turbine Cycle [10]
Compression ratio (Rc )
14
Turbine inlet temperature (TIT)
1500 K
Efficiency of combustion chamber (ηcomb )
0.98
Isentropic efficiency of compressor (C1 )
0.85
Isentropic efficiency of Turbine (T1 )
0.87
Temperature at inlet of compressor (T1T )
303 K
Pressure at inlet of compressor (P1T )
0.1 MPa
Exhaust gases temperature T4T )
880 K
Bottoming sCO2 Brayton Cycle [36]
Temperature at inlet of compressor (T1 )
304.25 K
Pressure at inlet of compressor (P1 )
7.4 MPa
Isentropic efficiency of compressors (C2 and C3 )
0.8
Isentropic efficiency of Turbine (T2 )
0.9
Compression ratio (rc )
2.7
Effectiveness of IHX, recuperator, HTR (εHT R ) and LTR (εLT R ) 0.85, 0.7(LTR)
Mass flow rate of exhaust gases
107.1 kg/s
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Topping Gas Turbine
Topping Compressor
Calculate ℎ1,𝑇 , 𝑠1,𝑇 at
𝑃1,𝑇 , 𝑇1,𝑇
𝑃2,𝑇 using 𝑟𝑐 , ℎ2,𝑇 and
𝑠2,𝑇 using 𝜂𝐶1

Topping Cycle
Input Data
𝑄𝐿𝐻𝑉 , 𝑚𝑎𝑟 , 𝑇1,𝑇 , 𝑃1,𝑇 , 𝑟𝑐 ,
𝜂𝑐𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛 , 𝜂𝐶1 , 𝑇3,𝑇

Combustion Chamber
Calculate ℎ3,𝑇 , 𝑠3,𝑇 at 𝑃3,𝑇 and
𝑇3,𝑇
Calculate 𝑚

BREC
Bottoming sCO2
Cycles Input
Parameters
𝑴𝑭𝑹𝑹, 𝑻𝟏 , 𝑷𝟏,𝑻 , 𝒓𝒄 , 𝒙, 𝜼𝑪𝟐
𝜼𝑪𝟑 , 𝜼𝑻 , 𝜺𝒓𝒆𝒄𝒖𝒑 , 𝜺𝑯𝑻𝑹
𝟐

Topping Turbine
Calculate ℎ4,𝑇 , 𝑠4,𝑇 using
𝜂𝑇1

using equation

BPHC

IHX

IHX-1

Calculate ℎ5 , Calculate 𝑇5𝑇 and 𝑇3
using heat capacities and
effectiveness of IHX. Calculate
𝑄𝑟𝑒𝑐𝑣 from the exhaust gases

Calculate ℎ8 , Calculate 𝑇5𝑇 and
𝑇3 using heat capacities and
effectiveness of IHX. Calculate
𝑄𝑟𝑒𝑐𝑣1 .

and
𝜺𝑳𝑻𝑹

BSRC
IHX
Calculate ℎ5 , Calculate 𝑇5𝑇
and 𝑇3 using heat capacities
and effectiveness of IHX.
Calculate 𝑄𝑟𝑒𝑐𝑣 from the
exhaust gases.

Bottoming Compressor (C2)
Assumption for
BREC and BSRC
𝑻𝟓

Calculate ℎ1 , 𝑠1 at 𝑃1 , 𝑇1
𝑃2 using 𝑟𝑐 , ℎ2 and 𝑠2 using 𝜂𝑐2 .

Bottoming Turbine (T2)
Assumption for
BPHC
𝑻𝟖

Recuperator

Calculate ℎ4 , 𝑇4 using 𝜂 𝑇2 .

Calculate ℎ5 and ℎ6 using
energy balance and 𝜀𝑟𝑒𝑐𝑢𝑝 .

HTR and LTR
Calculate ℎ8 and ℎ9, ℎ7 and ℎ6
using 𝜀𝐿𝑇𝑅 , 𝜀𝐻𝑇𝑅 and energy
balance.

IHX-2
Calculate ℎ6𝑡 and ℎ7 using heat
capacities and effectiveness of IHX.
Calculate 𝑄𝑟𝑒𝑐𝑣2 .

Bottoming Recompressor
(C3)
Calculate ℎ10 using 𝜂𝐶3

Mixing Process
Calculate ℎ8𝑛𝑒𝑤 using energy
balance on mixer.

Mixing Process

Recuperator

Calculate ℎ6 and ℎ5𝑛𝑒𝑤 using
energy balance and 𝜀𝐻𝑇𝑅 .

New Heat Recovery in
IHX

Based on ℎ5𝑛𝑒𝑤 , calculate
ℎ3𝑛𝑒𝑤 and 𝑇3𝑛𝑒𝑤 using energy
balance on IHX. Calculate
𝑛𝑒𝑤
total 𝑄𝑟𝑒𝑐𝑣
in IHX.

Calculate ℎ8𝑛𝑒𝑤

using energy
balance on mixer

New Heat Recovery in IHX

Based on ℎ8𝑛𝑒𝑤 , calculate ℎ5𝑛𝑒𝑤
and 𝑇5𝑛𝑒𝑤 using energy balance on
𝑛𝑒𝑤
HTR. Calculate 𝑄𝑟𝑒𝑐𝑣
in IHX.

New Heat Recovery in IHX-1
and IHX-2
Based on ℎ8𝑛𝑒𝑤 , calculate ℎ3𝑛𝑒𝑤 and
𝑇3𝑛𝑒𝑤 using energy balance on IHX-1.
𝑛𝑒𝑤
Calculate total 𝑄𝑟𝑒𝑐𝑣
from IHX-1 and
IHX-2.

NO
|

𝑸𝒏𝒆𝒘
𝒓𝒆𝒄𝒗 − 𝑸𝒓𝒆𝒄𝒗
| < 𝟎. 𝟎𝟎𝟏
𝑸𝒏𝒆𝒘
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YES
Calculate Entropies at all states,
power output, heat recovery,
thermal and exergetic efficiencies.

Finding Design point using
Genetic Method in EES software

STOP

Figure 3.4: Methodology for thermodynamic calculations of CGT-sCO2 power
cycles.
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Validation

The methodology delineated above is validated with previous research. The available results data in literature [37] are used to validate the model of bottoming
sCO2 recompression cycle (BREC). The graphs in the reference are digitized and
used to compare with results of present research work. The comparison is made
for various values of heat input. Table 3.2 presents the comparison of results and
indicate the values of optimum turbine inlet temperature (TIT), first law efficiency
and power output. As shown in the table, there is a good agreement between the
results.
Table 3.2: Comparison between the present work and those of Ref. [37] for
BREC.

S. No.

Qin
(MW)

Present work

Ref. [37]

TIT

Wnet

ηI

TIT

Wnet

ηI

(K)

(MW)

(%)

(K)

(MW)

(%)

1

138

977.7

65.13

47.2

970

66

48

2

155

1056

77.6

50

1050

78

50.5

3

159

1074

81.4

51.2

1080

80.5

51

Chapter 4
Thermodynamic Results and
Analysis
In this chapter, the thermodynamic performance analysis is carried out for selected combined sCO2 power cycles using thermodynamic models and calculation
methodology as described in previous chapter. The analysis is carried out in three
phases: 1. Parametric analysis, 2. Thermodynamic optimization, 3. Comparison.
In first phase, the combined and bottoming cycles’ power output, heat recovery,
energy and exergy efficiencies are investigated for variation of MFRR and recompression or mass split percentages. Moreover, the major sources of irreversibility
in bottoming sCO2 cycles are identified. In second phase, exergy optimization is
done to find optimum performance point using the Genetic Method under certain
decision parameters. The Genetic Method is a robust optimization method which
finds the global optimum point using the procedure of biological evolution and it
is available in Engineering Equation Solver (EES) software. In last phase, comparative analysis is carried out to decide the best possible option for waste heat
recovery of gas turbine based on specified selection parameters. The results after
parametric analysis of each combined cycle are described one by one in following
subsections.
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Combined Gas Turbine Recompression
Brayton Cycle

The energy efficiency and power output of bottoming recompression and combined
recompression cycle is illustrated in Figure 4.1. The combined cycle power output
and energy efficiency is greater than the bottoming cycle’s. The power output of
the combined and bottoming recompression cycle increases first and then reduces
slightly, thus, give the maxima at one point. Since, the large increase in the
mass flow rate (or MFRR) of bottoming cycle decreases its potential to elevate its
temperature from integrated heat exchanger (IHX); therefore, the power output
decreases slightly at MFRR greater than 2.8. The variation of specific heat ‘Cp ’of
sCO2 stream in IHX, heat recovery ‘Qrecv ’ and turbine inlet temperature ‘T3 ’ of
BREC are shown in Figure 4.2. The increase in MFRR increases the heat recovery
but the Cp also increases which results in the decrease in turbine inlet temperature
T3 . Furthermore, the increase in heat recovery with MFRR resulted in drop of
bottoming cycle energy efficiency according to the definition (see Eq. 3.42).

Figure 4.1: Behavior of (a) thermal efficiency and (b) net power output of bottoming recompression cycle (BREC) and combined gas turbine recompression
cycle (CGTREC) with change in MFRR, keeping ‘x’ constant (x = 60%).
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Figure 4.2: Behavior of (a) specific heat Cp of sCO2 in BREC, turbine inlet
temperature (T3 ) and (b) heat recovery of BREC with change in MFRR keeping
‘x’ constant (x = 60%).

The performance of the combined cycle is also studied for variation in both MFRR
and recompression percentage x. Energy efficiency and exergy efficiency for varying MFRR and x are shown in Figure 4.3. It is evident that both efficiencies are
increasing with decrease in x (i.e., performance at x = 55% is greater than performance at x = 70%). Moreover, with increase in MFRR, the maxima points for
each x are moving towards left direction. It explains that the energy and exergy
efficiencies of CGTREC are maximum for greater mass flow rates (MFRR) and
smaller mass recompression percentage x.

Figure 4.3: Variation of (a) energetic and (b) exergetic efficiencies with change
in both MFRR and x for CGTREC.
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To find the design point, optimization is done which provide the optimum point at
which irreversibilities in the combined cycle are minimum or the exergy efficiency
is maximum. The optimization is performed using Genetic method in EES and
three decision parameters are selected; they are MFRR, x and rc . The ranges of
decision parameters and objective function for optimization are shown in Table
4.1.
Table 4.1: Objective function and ranges of decision parameters for BREC.

Parameter

Range

x

55% ≤ x ≤ 75%

MFRR

1.4 ≤ MFRR ≤ 3

rc

2.5 ≤ rc ≤ 3.5

Objective Function
Maximize ηII of the
combined cycle

The optimum results and corresponding T-s diagram are shown in Table 4.2 and
Figure 4.4, respectively. These results illustrated the first law and second law efficiencies along with exergy input, exergy out, net power output and irreversibilities
in components. Maximum combined cycle thermal efficiency is found to be 45.67%
at CO2 mass flow rate of 168 kg/s (MFRR = 1.6) and recompression percentage
‘x’ of 45%. As shown in the Table 4.2, the total exergy input for combined cycle
is 80.9 MW, out of which 13.1 MW goes out after interaction in IHX identified as
exergy loss, 21.1 MW is associated with exergy destruction due to component irreversibilities and 46.2 MW is produced as power output from the combined system,
resulted in 57.74% exergetic efficiency of CGTREC according to Eq. (3.47).
Table 4.2: Optimum results of CGTREC.

First law Analysis (Energy Analysis)
Parameter
T3

Optimum Value
739.1 K

Heat Recovery

27.2 MW

Combined power output

46.2 MW

Bottoming power output

10.7 MW

Combined Thermal Efficiency

45.67%
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Parameter
Bottoming Thermal Efficiency

45
Optimum Value
39.4%

Second law Analysis (Exergy Analysis)
Exergy input in combined cycle

80.9 MW

Exergy input in bottoming cycle

16.5 MW

Combined cycle exergy destruction

21.1 MW

Bottoming cycle exergy destruction

6.28 MW

Exergy loss

13.1 MW

Bottoming cycle exergetic Efficiency

61.9%

Combined cycle exergetic Efficiency

57.74%

Optimum values of decision parameters
MFRR

1.6

x

45%

rc

2.5

Figure 4.4: Optimum T-s diagram of BREC.
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Figure 4.5(a) illustrate the component level exergy destruction in bottoming recompression cycle (BREC). The main sources of exergy destruction are IHX, turbine (T2 ) and HTR. In Figure 4.5(b), the sum of exergy destruction and exergy loss
in CGTREC are compared with simple gas turbine cycle to elaborate the essence
of heat recovery. A significant outcome is that the sum of exergy destruction and
exergy loss of simple gas turbine (topping cycle) is greater than that of CGTREC.
The value in simple gas turbine topping cycle is 44.34 MW while for CGTREC, it
is 34.19 MW, i.e. 22.89% decrease in total cycle irreversibilities in CGTREC compared to SGT cycle. This is the manifestation of the exhaust exergy recovery in
the BREC. In case of simple gas turbine, the exhaust exergy is completely wasted
by the mixing of the exhaust gases into the atmosphere. By converting the simple
gas turbine into combined gas turbine recompression cycle, the sum of exergy destruction and exergy losses reduce. It can be said that the total exergy destruction
is decreased by the exhaust exergy recovery. Due to lower exergy destruction in
the CGTREC, a greater amount of exergy input in combustion chamber (Qin) is
converted into work. As a result, the thermal efficiency and exergetic efficiency
enhance as compared to simple gas turbine. The percentage increase in ηI and ηII
of CGTREC compared to simple gas turbine are 30.22% and 31.9%, respectively.

Figure 4.5: (a) Component level exergy destruction in BREC (b) Exergy
destruction and exergy loss in CGTREC compared to SGT.
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Combined Gas Turbine Preheating Brayton
Cycle

The results of combined gas turbine-preheating sCO2 bottoming cycle are shown
in the following figures. Figure 4.6(a and b) shows the thermal efficiency and
net power output of the combined and bottoming cycle with variation in MFRR
for x = 65%. It is apparent that the performance of combined cycle is enhanced
as compared to performance of bottoming cycles. The bottoming cycle efficiency
remains constant for a while, after that the decrease in efficiency is manifested
by the decrease of bottoming turbine inlet temperature ‘T3 ’ as shown in Figure
4.6(c). The heat recovery from exhaust gases ‘Qrecv ’ and bottoming turbine inlet
temperature ‘T3 ’ changes because of variation in specific heats ‘Cp ’ of cold and hot
side of the exhaust heat recovery units (IHX). The IHX-1 absorbed more heat and
plays dominant role in heat recovery due to larger s2 mass flow as compared to that
in IHX-2 as shown in Figure 4.6(d). Because of two heat recovery heat exchangers,
more heat is recovered which resulted in decrease of exhaust gas temperature T6T ,
hence, delivery of comparatively greater energy and exergy efficiencies. Using
Quadratic approximation method in EES software, the maximum combined heat
recovery for x = 65% is found at MFRR = 0.81. Similarly, ηI and ηII are also
maximum at MFRR = 0.81.
The performance of the CGTPHC is also investigated for variation in mass split
percentage ‘x’. With increase in mass split percentage, the thermal efficiency of
BPHC and the CGTPHC decreases slightly as depicted in Figure 4.7(a). The heat
recovery and exergetic efficiency for different mass split percentages ‘x’ are also
shown in Figure 4.7(b). As the heat recovery from exhaust gases decreases, the
exergy efficiency decreases at constant MFRR. It means, more the exhaust heat
utilization more will be the combined cycle exergetic efficiency.
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Figure 4.6: Variation of (a) first law efficiency, (b) net power output, (c) T3
and (d) heat recovery for CGTPHC with change in MFRR keeping ‘x’ constant
(x = 65%).

Figure 4.7: Variation of (a) thermal, (b) exergetic efficiency and heat recovery
of CGTPHC with change in ‘x’ at MFRR = 1.6.

The ηI and ηII for different MFRR and mass split percentages ‘x’ are shown in
Figure 4.8. The lines of ηI and ηII are going upward for decrease in mass split
percentages (i.e., the combined cycle efficiency at x = 35% is greater than at x =
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65%). So, the large increase in both MFRR and x simultaneously caused reduction
in combined cycle energy and exergy efficiencies as depicted in Figure 4.8(a and
b).

Figure 4.8: Variation of (a) energy efficiency and (b) exergy efficiency of
CGTPHC for variation in MFRR and ‘x’.

For optimum outcome, MFRR, mass split percentage ‘x’ and rc are considered as
decision parameters and Genetic method in EES software is used to find optimum
performance point. The bounds and function are shown in Table 4.3.
Table 4.3: Bounds and objective function for CGTPHC.

Parameter

Range

x

30% ≤ x ≤ 70%

MFRR

0.5 ≤ MFRR ≤ 3

rc

2.5 ≤ rc ≤ 3.5

Objective Function

Maximize ηII

The results at optimum point are given in Table 4.4 and corresponding T-s diagram
in Figure 4.9. It showed the optimum energy and exergy parameters. The optimum
performance is at CO2 mass flow rate of 115.5 kg/s (MFRR = 1.1) and x = 45%.
Maximum combined cycle ηI and ηII are 46.8% and 64.8%, respectively. Compared
to CGTREC, this cycle produced greater ηI and ηII with slightly smaller CO2
mass flow rate. The exhaust exergy recovery in this cycle is also greater than
CGTREC, mainly because of two heat recovery units (IHXs). The ηI of bottoming
preheating cycle (BPHC) is lower comparatively due to larger absorbed heat in
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two IHXs (See the definition of bottoming thermal efficiency in Eq. 3.42). In
the waste heat recovery or cogeneration power cycles, large temperature difference
in the heat recovery units (IHXs) is related to heat flowing into the bottoming
power cycle. In CGTPHC cycle this temperature difference is large because of
two IHXs. As a result, comparatively more power can be produced even with a
lower bottoming cycle thermal efficiency because the absorbed heat is larger as
compared to CGTREC (compare the values of bottoming cycle power output and
thermal efficiency in Tables 4.2 and 4.4).
The total exergy input for the combined cycle is 80.9 MW, out of which, 10.8
MW goes out after interaction in IHX-1 and IHX-2 known as exergy loss, 27.4
MW is associated with exergy destruction due to component irreversibilities and
47.3 MW is produced as power output from the combined system, resulted in
64.8% combined cycle exergetic efficiency. Exergy destruction (i.e., irreversibilities) due to components of bottoming preheating cycle (BPHC) at optimum point
are depicted in Figure 4.10(a). It is evident from Figure 4.10(a) and Table 4.4
that because of the presence of two heat recovery heat exchangers (IHXs), the
exergy destruction due to components are greater as compared to that in BREC
(shown in Table 4.2). Because, the large temperature difference and heat recovery
in heat exchangers (IHX-1 and IHX-2) cause large irreversibilities. As a result,
the energetic and exergetic efficiencies of BPHC are smaller than BREC (compare
the values of bottoming cycle exergetic efficiency in Tables 4.2 and 4.4). However, combined energetic and exergetic performance of CGTPHC is better than
CGTREC owing to larger exhaust exergy recovery.
Table 4.4: Optimum results of CGTPHC.

First law Analysis (Energy Analysis)
Parameter
T3

Optimum Value
730.4 K

Heat Recovery

49.8 MW

Combined power output

47.3 MW

Bottoming power output

1018 MW
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Optimum Value

Combined Thermal Efficiency

46.8%

Bottoming Thermal Efficiency

23.8%

Second law Analysis (Exergy Analysis)
Exergy input in combined cycle

80.9 MW

Exergy input in bottoming cycle

29.1 MW

Combined cycle exergy destruction

27.4 MW

Bottoming cycle exergy destruction

12.5 MW

Exergy loss

10.8 MW

Bottoming cycle exergetic Efficiency

57%

Combined cycle exergetic Efficiency

64.8%

Optimum values of decision parameters
MFRR

1.1

x

45%

rc

3.48

Figure 4.9: Optimum T-s diagram of BPHC.

Thermodynamic Results and Analysis

52

The sum of exergy destruction and exergy loss in CGTPHC is compared with
SGT cycle in Figure 4.10(b). Because of heat recovery by BPHC, the sum of
exergy destruction and exergy loss of CGTPHC is smaller than that of simple
gas turbine cycle. The sum value in simple gas turbine topping cycle is 44.34
MW while for CGTPHC, it is 28.46 MW, i.e. a decrease of 35.8% in combined
cycle irreversibilities compared to SGT cycle. CGTPHC recovers larger exhaust
exergy and produces larger power output compared to simple gas turbine. The
percentage increase in ηI and ηII of CGTPHC compared to simple gas turbine
are 33.4% and 48.3%, respectively. The performance gain for CGTPHC is better
than CGTREC, hence, second law analysis comes out with more realistic decision
taking in account the irreversibilities caused due to cycle components.

Figure 4.10: Component level exergy destruction in BPHC (b) Exergy destruction and exergy loss in CGTPHC compared to SGT.

4.3
4.3.1

Comparison of Results
Performance Comparison with Combined Gas
Turbine Simple Regenerative Cycle (CGTSRC)

CGTSRC is considered as the reference configuration to compare the first law and
second law performances of cycles with additional components and mass split;
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they are: CGTREC and CGTPHC. The comparison is performed at two bottoming cycle compression ratios; they are: rc = 2.7 and rc = 3. The main reason of
the comparison is to assess the thermodynamic benefit of introducing mass split/mass recompression percentage, recompressor and recuperators in CGTREC and
CGTPHC with reference to simple regenerative cycle (CGTSRC). As depicted in
Figure 4.11(a and b), the maximum combined cycle energy efficiency is given by
CGTREC. While, the energy efficiency of CGTPHC and CGTSRC decreases at
larger values of MFRR. Moreover, at low values of MFRR, the performance of
CGTSPHC and CGTSRC approached the performance of CGTREC.

Figure 4.11: Comparison of combined cycle energy efficiency at (a) rc = 2.7,
(b) rc = 3, keeping x = 45% for CGTREC and CGTPHC.

The comparison of second law efficiency (or exergy efficiency) at rc = 2.7 and rc =
3 are shown in Figure 4.12 (a and b). At rc = 2.7, the maximum exergy efficiency is
given by CGTPHC and this is obvious owing to large exhaust exergy recovery from
topping gas turbine cycle. However, at rc = 3 and smaller MFRR, the CGTPHC
exhibited comparatively maximum exergy efficiency. Moreover, at larger values of
MFRR, i.e. MFRR > 2 the exergy efficiency of CGTREC approached near to that
of CGTPHC. In general, the energy efficiency of CGTREC is maximum whereas,
the second law analysis suggest CGTPHC as the one with maximum performance.
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Figure 4.12: Comparison of combined cycle exergy efficiency at (a) rc = 2.7,
(b) rc = 3, keeping x = 45% for CGTREC and CGTPHC.

4.3.2

Performance Comparison with Air Bottoming
Combined Cycle (ABC)

Figure 4.13: Schematic of Air Bottoming cycle (ABC).
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Figure 4.14: Results validation of ABC combined cycle.

To compare the performance of CGT-sCO2 cycles, Air bottoming cycle as shown
in Figure 4.13 is also used as a benchmark cycle owing to its competitive characteristics as discussed in the Introduction section. The energy and exergy analysis
of ABC cycle is also carried out using EES software. The results validation is done
with literature [10] and shown in Figure 4.14.
For comparative analysis, the topping gas turbine cycle is kept same for all four
cycles and comparison is performed on similar operating parameters for bottoming
cycles. Being air as a working fluid in ABC cycle, air at inlet enters at atmospheric
conditions. The comparison is carried out at design points (optimum performance
point) of all analyzed cycles. The design point for CGTSRC and ABC is also
found using genetic method as adopted previously for CGTREC and CGTPHC.
The main purpose of this comparison is to figure out the best possible option in
terms of waste heat recovery among the considered combined cycles.

Reduction/savings
Combined cycles

Performance of the Power Systems

Size of the Power Systems

Configurations

of CO2 emissions

Priority

(kg/h)

ηI

Heat Recovery

Optimum MFRR

Number of components

in IHX(s)

and ‘x’

in bottoming cycle

ηII

ηI = 46.8 %,

ηII = 64.8%,

Gain in ηI compared to

Gain in ηII compared to

Qrecv = 49.8 MW,

CGTPHC

ABC is 12.68%.
Gain in ηI compared to

6 components including three
Gain in Qrecv

MFRR = 1.1,

compared to

x = 45%

ABC is 28.14%.

heat exchangers, one cooler,

Gain in ηII compared to

4947

1st

4719

2nd

4478

3rd

one compressor and one turbine.
ABC is 10.4 %.

SGT cycle is 33.44 %.

SGT cycle is 48.3%.

ηI = 46.26 %,

ηII = 61.09%,

Gain in ηI compared to

Gain in ηII compared to

Qrecv = 34.7 MW,
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Table 4.5: Summary and comparison of the results.

5 components including two
MFRR = 0.98

CGTSRC

ABC is 11.4%.

ABC is 20.8%.

Reduction in Qrecv compared to

heat exchangers, one cooler,
No mass split ‘x’

Gain in ηI compared to

Gain in ηII compared

SGT cycle is 31.9 %.

to SGT cycle is 39.8%.

ηI = 45.67 %,

ηII = 57.74%,

Gain in ηI compared to

Gain in ηII compared

ABC is 23.1%.

one compressor and one turbine.

Qrecv = 27.2 MW,

CGTREC

ABC is 9.96% %
Gain in ηI compared

7 components including three
Reduction in Qrecv

MFRR = 1.6,

compared to

x = 45%

to ABC is 14.17 %.

heat exchangers, one cooler,

Gain in ηII compared to

two compressors and one turbine.
ABC is 39.72%.

to SGT cycle is 30.22 %.

SGT cycle is 31.9%.
3 components including one
MFRR = 1.09

ABC

ηI = 41.53 %

ηII = 50.57%

Qrecv = 45.12 MW

Benchmark
heat exchanger, one compressor

No mass split ‘x’

2653
Cycle

56

and one turbine.
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The results are summarized in Table 4.5. The table presented the performance gain
or reduction in energy efficiency, exergy efficiency and heat recovery in CGT-sCO2
cycles compared to ABC and simple gas turbine cycle (SGT). The size of power
cycle is also compared which is defined by the MFRR and the number of components in the sCO2 cycle. Furthermore, the second last column displayed amount
of reduction in greenhouse emissions because of heat recovery from topping gas
turbine if the same bottoming cycle power output is produced by employing fossil
fuel power cycle. The CGT-sCO2 cycle with larger reduction in CO2 emissions (or
savings of CO2 emissions) is consider as more environmental friendly cycle. The
last column prioritizes the overall performance of the combined supercritical CO2
cycles with reference to ABC combined cycle based on the following criteria:

1. Larger gain in ηI and ηII as compared to SGT and ABC.
2. Larger heat recovery compared to SGT and ABC.
3. Comparatively smaller size footprint.
4. Larger environmental advantage (i.e., larger reduction in CO2 emissions).

Compared to ABC, larger gain in ηI , ηII and heat recovery is achieved by CGTPHC. The number of cycle components in CGTPHC are also lesser which also
enhances its reputation in terms of plant size and initial capital and running/maintenance costs. Moreover, CGTPHC has larger environmental advantage. Hence,
the CGTPHC cycle is recommended as the best combined cycle for gas turbine
exhaust gases heat recovery among the nominated sCO2 cycles and ABC cycle.

4.4

Summary

In this chapter, the thermodynamic analysis and optimization of three waste heat
recovery supercritical carbon dioxide (sCO2 ) power systems is presented. Effects
of MFRR, mass split percentage ‘x’ and pressure ratio on the performances are

Thermodynamic Results and Analysis

58

delineated. Moreover, the environmental advantage as a result of waste heat recovery with reference to fossil fuel power cycle is estimated. The prime objective
here is to find the optimal combined cycle configuration for waste heat recovery
based on the thermodynamic performance and environmental impact. Therefore,
the optimum performance results of combined gas turbine sCO2 cycles are compared with ABC and simple gas turbine cycle (SGT) to illustrate and explore the
best possible configuration for gas turbine exhaust exergy recovery application.
The following can be concluded from the thermodynamic analysis and comparative
analysis:

• Compared to energetic performance (1st law analysis) of simple gas turbine
(SGT), there is 31.9% improvement in energetic efficiency in case of CGTSRC, 30.22% in case of CGTREC and 33.44% in case of CGTPHC.
• Compared to exergetic performance (2nd law analysis) of simple gas turbine (SGT), there is 39.8% improvement in exergetic efficiency in case of
CGTSRC, 31.9% in case of CGTREC and 48.3% in case of CGTPHC.
• Owing to exhaust exergy recovery, the sum of exergy destruction and exergy
loss in combined supercritical CO2 cycles is lower as compared to the sum in
simple gas turbine cycle (SGT). This reduction is 22.89% in case of CGTREC
and 35.8% in case of CGTPHC.
• The energetic and exergetic performances of BREC is better than BPHC owing to lower exergy destruction in components of the BREC. Energetic and
exergetic efficiencies of BPHC are 23.8% and 57%, respectively. Whereas,
energetic and exergetic efficiencies of BREC are 39.4% and 61.9%, respectively.
• Energetic and exergetic performance of combined supercritical CO2 cycles
are better than Air bottoming cycle (ABC).
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• Comparative analysis based on optimum heat recovery, size, energetic efficiency, exergetic efficiency and environmental benefit revealed that CGTPHC is selected as the optimum combined cycle and BPHC as the appropriate option for gas turbine exhaust exergy recovery.

Chapter 5
Turbomachinery Design
In this chapter, the compressor and turbine are designed for the optimum bottoming sCO2 power cycle decided in Chapter 4. Two design methodologies are
adopted, they are: 1) Preliminary design and 2) 1D mean line design. The preliminary design method is based on empirical charts and it facilitates in estimating
the revolution speed, stages and impeller tip diameter of the turbomachinery. The
1D mean line design is rather more accurate; it computes the geometry as well
as the efficiency of the turbomachinery. More specifically, this method computes
the efficiency of turbomachinery based on enthalpy loss correlations. The turbomachinery design method is coded in MATLAB linked with REFPROP property
library for retrieval of thermodynamic properties of sCO2 . Finally, to evaluate
the effect of turbomachinery design, the efficiency of turbomachinery calculated
from the design code is transferred to thermodynamic analysis code (described in
chapter 3) for determination of updated sCO2 power cycle performance.

5.1

Compressor Design

The main compressor in sCO2 cycle requires less compression work because of
incompressible nature (higher density) of supercritical CO2 near critical point, as
a result, there is higher net efficiency of the cycle. Therefore, to ensure efficient
60
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cycle performance, the compressor inlet conditions should be near to critical point.
But, the sharp variation of properties near the critical point is the challenge for
compressor designer which demands sophisticated design method that accounts for
large variations in properties especially density of CO2 . The commercial compressor design tools adopted to date are not applicable for design of sCO2 compressor
because they are based on ideal gas assumption. Hence, a revised methodology
is required which should consider the impact of enthalpy and pressure losses in
different sections of the compressor on the performance of the compressor. The
method should be devoid of ideal gas assumption for accurate prediction of the
performance of sCO2 compressor. Therefore, in this chapter an iterative methodology known as 1D mean line method is applied for design of compressor. It is
important to note that the efficiency of main compressor has significant effect on
the cycle efficiency. Figure 5.1 illustrates the dependence of compressor isentropic
efficiency on first law efficiency of BPHC. It can be observed that for increase
in 15% (65% to 75%) in isentropic efficiency of compressor results in increase of
25% (10% to 12.5%) in first law efficiency of BPHC. Hence, rather than assuming
the isentropic efficiency as done previously during thermodynamic analysis, it is
crucial to determine the actual efficiency based on losses that are happening inside
the compressor as a result of fluid flow.
The design method is carried out for bottoming cycle compressor of optimum sCO2
cycle configuration decided at the end of Chapter 4, i.e. CGTPHC. The whole
design procedure is divided into three phases:

1. Selection of type of Compressor
2. Preliminary sizing
3. 1D mean line design

The static and stagnation properties required during design are obtained from
Reference Fluid Thermodynamic and Transport Properties Database (REFPROP)
[24].
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Figure 5.1: Effect of compressor’s isentropic efficiency on the first law efficiency of BPHC.

5.1.1

Selection of Type of Compressor

In general, the choice among radial and axial turbomachinery depends on the mass
flow rate and power output of the thermodynamic power system [65, 79]. Radial
compressors are more appropriate instead of axial one owing to following reasons
[80]:

1. Radial compressors are comparatively more compact because they present
small number of stages compared to axial counterpart.
2. Fit for low mass flow rate and high-pressure ratio applications.
3. They are more robust, cheaper, easier to maintain and manufacture.

The power output in case of BPHC is 11.8 MW with sCO2 mass flow of 115.5 kg/s,
hence, radial compressor is selected. Moreover, single stage compression is adopted
instead of multi stage compression to avoid complex flow path of working fluid and
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cooling flow which necessitate difficult manufacturing process and subsequently
larger capital cost. A radial compressor consists of three parts: 1) a rotating
impeller which imparts kinetic energy to the flow, 2) a stationary diffuser which
converts the kinetic energy into increase in pressure and 3) volute section which
smoothly discharges the flow. The single stage radial compressor in radial plane
is shown in Figure 5.2.

Figure 5.2: Single stage radial compressor in r-plane [69].

5.1.2

Preliminary Sizing

The design of radial compressor starts with one of the most useful method for
turbomachinery selection and sizing known as Balje’s NS -DS diagram method
[81, 82]. The NS -DS diagram for single stage compressor is shown in Figure 5.3.
The diagram depicts the efficiency curves of different types of compressors in terms
of two dimensionless parameters, they are: Specific speed (NS ) which is on x-axis
and specific diameter (DS ) which is on y-axis. The definition of NS and DS are
given in Eqs. (5.1) and (5.2).
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Figure 5.3: Balje’s NS -DS diagram for compressors [81].

Each contour line in Balje’s diagram depicts the constant total to static efficiency
for a given compressor type. Moreover, the efficiency increases from outer contour
line towards inner; the most center contour line is the highest efficiency line. The
intent of preliminary sizing is to find the couple of NS and DS which provides
maximum efficiency.
NS =

√
N Q

(5.1)

3

∆H 4

1

Dc ∆H 4
DS = √
Q

(5.2)

Q = ṁCO2 × ρ1

(5.3)

Where,

The NS and DS depends on the volumetric flow rate ‘Q’, thermodynamic enthalpy
rise ‘∆H’, revolution speed ‘N ’ and impeller tip diameter ‘Dc ’ of the compressor
[81]. From literature, the recommended value of NS for radial compressors is 0.6
to 0.77 [65, 71]. The DS is selected against NS from Balje’s diagram on maximum

Turbomachinery Design

65

efficiency line. The revolution speed ‘N ’ and impeller tip diameter ‘Dc ’ of radial
compressor are decided using following procedure:

1. The isentropic enthalpy rise ‘∆H’ and compressor inlet density ‘ρCO2 ’ is
acquired from thermodynamic analysis of compressor and REFPROP respectively.
2. The optimum performance point (optimum NS ) is searched by studying the
specific speed ‘NS ’ at number of revolution speeds ‘N ’.
3. The specific diameter DS at optimum NS are determined using Cordier’s
lines derived from Balje’s diagram. These Cordier’s line provide the value of
DS against NS for maximum compressor efficiency. The equation of Cordier’s
line is given as [55],
−1.092
DS,comp = 2.719NS,comp

(5.4)

4. Finally, the impeller tip diameter ‘Dc ’ is computed using relation of specific
diameter (Eq. 5.2).

By utilizing the above described procedure using Balje’s diagram, the value of
revolution speed is found to be 32000 rpm for specific speed ‘NS ’ = 0.72 (It lie in
optimum range for radial compressors). The preliminary design results for radial
compressor of BPHC are summarized in Table 5.1.
Table 5.1: Preliminary design results of the radial compressor of BPHC.

Parameter

Value

NS

0.72

N

32000 rpm

DS

3.89

Impeller tip diameter (Dt )
Number of stages
Turbine expected efficiency from Baljes charts

141 mm
Single stage
>90%
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Figure 5.4: 1D Mean line design methodology.
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1D Mean Line Compressor Design

Figure 5.5: 1D Mean line path of a radial compressor [67].

The efficiency and impeller tip diameter estimated from Balje’s NS -DS diagram
are not the exact values; they are just an estimate of compressor size and performance based on empirical data. The more precise value can be obtained by
an advanced design process like 1D Mean line analysis and Computation Fluid
Dynamics (CFD) tools. The 1D mean line design method compute the velocities
and enthalpy losses at each segment of the compressor starting from impeller inlet and proceeds towards the volute section. The mean line or meridional view
of radial compressor is illustrated in Figure 5.5. The complete methodology is
illustrated in Figure 5.4 and the input geometric and thermodynamic parameters
needed to start the design are shown in Tables 5.2 and 5.3. The calculations are
carried out in MATLAB (R2016b) in conjunction with REFPROP to get accurate
thermophysical properties during calculations. The complete code is available in
Appendix A2; however, it will produce output only when user link the MATLAB
with REFPROP library. The output of mean line design code are impeller geometry, inlet and outlet thermodynamics properties, inlet and outlet velocity triangles,
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actual pressure ratio and actual total to total efficiency of the radial compressor.
The calculations at each segment along the mean line path are delineated in the
following sub sections.
Table 5.2: Input thermodynamic parameters from BPHC.

Input parameter

Value

P01

7400 kPa

T01

304.25 K

ṁCO2

115.5 kg/s

rc (Target pressure ratio)

3.48

ηtt (Assumed)

90%

Table 5.3: Input geometric parameters [65, 71].

5.1.4

Geometric parameter

Range

α1

0-100

r1t /r1h

1.5-3.5

r2t /r1

1.6-3.3

r1h

15-20 mm

t

2.4-3.0 mm

Zc

15-20

cl

0-2.5 mm

Impeller Inlet

Firstly, the impeller inlet geometry which includes mean (r1 ), hub (r1h ) and tip
(r1t ) radii are determined using given ratios in Table 5.3. The range of values
in Table 5.3 for sCO2 compressors are taken from literature and in each iteration parameter value is selected from the given ranges so as to find one specific
value at the end which provide the target pressure ratio and maximum total to
total efficiency. The impeller inlet height and area are calculated using following
relations,
b1 = r1s − r1h

(5.5)
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2
2
A1 = πr1s
− πr1h

(5.6)

The total enthalpy, total density and total entropy are retrieved using REFPROP
with the help of total input properties at impeller inlet. The axial velocity Ca1 at
impeller inlet is computed using continuity equation i.e. mass flowrate ṁCO2 .
ṁCO2 = ρ1 A1 Ca1 = ρ1 A1 C1 cos α

(5.7)

Where, α is inlet swirl angle and A1 is the impeller inlet area. The static density
ρ1 is required in Eq. (5.7), which is calculated using inlet total density and total
to static conversion method. The procedure to calculate static density is as follows
(also shown in Fig. 5.6):

1. C1 is estimated using inlet total density in Eq. (5.7).
2. Static enthalpy is calculated based on estimated C1 using total to static
conversion as shown below.
h0 = hs +

C12
2

(5.8)

3. Retrieve static density from REFPROP using static enthalpy and entropy.
4. The first value of density is updated and process is continued until convergence.

The value of compressor rotational speed ‘ω’ is decided in preliminary design, so,
U1 is determined using Eq. (5.9).
U 1 = r1 ω

(5.9)

The relative velocity W1 and angle of relative velocity β1 are determined using
absolute C1 and tangential velocities U1 at impeller inlet. Thus, the velocity
triangle at mean radius of impeller inlet (r1 ) is constructed and shown in Figure
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5.7. In the same way, the velocity triangles at impeller inlet shroud and tip can
also be constructed with change only in magnitude of tangential velocities, i.e.
U1S = r1S ω and U1t = r1t ω.

Figure 5.6: Method to compute impeller inlet static density.

Figure 5.7: Impeller inlet velocity triangle.
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Impeller Outlet

The impeller outlet tip radius is decided using given ratio, i.e. r2t /r1 in Table
5.3. The parameter value is selected from given range in each iteration until the
specified value is attained which provide target pressure ratio and maximum total
to total efficiency. The blade thickness is kept same at impeller inlet and outlet,
i.e. t1 = t2 and impeller height at outlet is assumed to be 40% of inlet impeller
height, i.e. b2 = 0.4b1 .
The total pressure at impeller outlet ‘P02 ’ is calculated using assumed impeller
pressure ratio rc,i . Next, H02,ideal is determined using isentropic assumption (S02,ideal
= S01 ). Then, total to total efficiency of impeller is assumed, i.e. ηtt = 90% to
calculate the actual H02 .
H02 = H01 +

H02,ideal − H01
ηII

(5.10)

The actual entropy at impeller outlet S02 is calculated using H02 and P02 by calling
REFPROP. The absolute velocity at outlet is estimated using continuity equation
given by,
ṁCO2 = ρ2 A2 Cr2

(5.11)

Where A2 is the area at impeller outlet given by,
A2 = (2πr2 − Zt1 ) b2

(5.12)

The absolute fluid velocity at impeller outlet C2 is the combined effect of radial
velocity Cr2 and tangential CU 2 velocities given by,
C2 =

q

(CU 2 )2 + (Cr2 )2

(5.13)

Where, CU 2 is computed using Euler equation,
H02 − H01 = U2 CU 2 − U1 CU 1

(5.14)
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The static density at impeller outlet, i.e. ρ2 is computed using total conditions
and following steps similar to that illustrated in Figure 5.3:

1. Impeller outlet density ‘ρ02 ’ is estimated using H02 and P02 .
2. Cr2 is calculated using Eq. (5.11) and estimated total density.
3. Eqs. (5.13) and (5.14) are solved to compute C2 .
4. Total to static conversion is used to compute static enthalpy H2 at impeller
outlet.
5. Static density ρ2 is retrieved using REFPROP at H2 and entropy S02 .
6. The density from REFPROP is compared with estimated density in step 1,
the previous value is updated and process from step 1 to 5 continues till
convergence of static density.

The impeller tangential velocity U2 is computed using r2 and ω. Since, C2 , U2
and Cr2 are known, the full velocity triangle at impeller outlet can be drawn and
illustrated in Figure 5-8, consequently, the relative velocity angle β and absolute
velocity angle α2 are determined using trigonometry.

5.1.6

Enthalpy Loss Models

Enthalpy losses occurring in the impeller of compressor are calculated using loss
correlations available in literature [64, 67]. After calculating losses, new enthalpy
at impeller outlet H02,new is computed based on which new total to total efficiency
ηII,new is calculated. The guessed value of the efficiency is updated and process
continues until the efficiency converges. The enthalpy loss models for radial compressors are classified into internal and external loss models. The internal loss
models quantify the non-isentropic behavior of the fluid when passing through the
impeller. Whereas, the external losses measure the energy loss occurring outside
the impeller.
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Figure 5.8: Impeller outlet velocity triangle.

5.1.7

Internal Loss Models

For quantifying internal losses, four loss models are selected. Their names and
definitions are as follows,

5.1.7.1

Incidence Loss

The incidence loss occurs due to difference between relative velocity and blade
angle at leading edge of the impeller or in other words, there is misalignment of
flow with blade angle. The loss model given by Conrad et al. [83] is used.
∆Hinc = finc
Where, finc = 0.5-0.7

Wu1
2

(5.15)
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Blade Loading Loss

Supercritical CO2 on contact with impeller blade experiences momentum loss.
This loss is mainly due to boundary layer growth on the blade surfaces as well as
separation and deceleration of the flow. The loss model given by Coppage et al.
[84] is implemented in which the diffusion factor Df measures the extent of flow
deceleration.
∆HBL = 0.05Df2 U22

Df = 1 −

5.1.7.3

W2
∆H/U22
+ 0.75
W1t
(W1s /W2 ) [(Z/π) (1 − r1s /r2 ) + 2r1s /r2 ]

(5.16)

(5.17)

Skin Friction Loss

Skin friction losses accounts for frictional losses which occur due shear stress exerted on the fluid as a result of boundary layer growth. The model devised by
Jansen [85] is adopted.
Lb
W2
Dhyd

(5.18)

Lb = r1,t + 2r2 − 2r1,h

(5.19)

∆Hsf = 2Cf
Where,

(2r1,tip )2 − (2r1,h )2
π (2r1,t ) + 4Z (r1,t − r1,h )

(5.20)

C1,s + C2 + W1,s + 2W1,h + 3W2
8

(5.21)

Dhyd = π ×
and,
W =

5.1.7.4

Clearance Loss

The presence of gap or clearance between impeller and shroud allows some fluid
to leak and flow towards low pressure side (suction side) of the compressor; this
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process results in clearance loss. The correlation developed by Jansen [85] is used
to quantify loss due to leakage.
ε
∆Hcl = 0.6 CU 2
b2

5.1.8

s



2
2
− r1,h
r1,t
4π
b2 Z (r2 − r1,t ) (1 + ρ2 /ρ1 )

(5.22)

External Loss Models

Two external loss models are selected. Their names and definitions are as follows,

5.1.8.1

Recirculation Loss

After leaving the impeller outlet, the low momentum fluid starts recirculating back
into the impeller. The extent of this recirculation depends on the value of α2 and
diffusion factor Df defined earlier. To estimate this loss, correlation provided by
Oh et al. [86] is adopted.
∆Hrc = 8 × 10−5 sinh(3.5α23 )Df2 U22

5.1.8.2

(5.23)

Disc Friction Loss

Disc friction loss occur due to friction between back face of the impeller and the
stationary surface faced by it. The loss model formulated by Daily and Nece [87]
is selected to quantify this loss.
∆Hdf = fdf

ρr)22 U23
4ṁ

Where,

fdf =


2.67



0.5


 Redf





0.0622



0.5
Redf

Redf < 3 × 105

Redf ≥ 3 × 105

(5.24)
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Redf = ρ2 U2

5.1.8.3

r2
µ2

(5.25)

Mixing Loss

Mixing occurs because of distorted flow inside the rotating impeller. There occurs
mixing of high momentum fluid (distorted flow) with lower momentum fluid adjacent to passage walls. The loss model given by Johnston and Dean [88] based on
abrupt expansion losses is adopted.
∆Hmix



C22
1 − εwake − b3 /b2
=
2 + 2 tan2 α2
1 − εwake

(5.26)

where, εwake is the wake fraction of blade to blade space and it is estimated using
method given by Lieblein [89].
εwake = 1 −

Cm,wake
Cm,mix

(5.27)

Where, Cm,wake and Cm,mix depends on separation velocity Wsep which in turn
depends on diffusion factor Deq .

W1 + W2 + 4πr2
Deq =

U2 CU 2 − U1 CU 1
U2 ZLb

2


(5.28)

and Wsep depends on following conditions.
For Deq ≤ 2
Wsep = W2
And for Deq > 2
Wsep = W2 D2eq
And the meridional velocities can be determined using,
Cm,wake =

q
2 − W2
Wsep
U2

(5.29)
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Cm,mix =

5.1.9

Cm2 A2
2πr2 b2

(5.30)

Updated Compressor Efficiency

The actual enthalpy at impeller outlet is obtained after including internal and
external losses.
H02,new = H02,ideal + (∆Hlosses )internal + (∆Hlosses )external

(5.31)

As a result, the updated total to total efficiency is,
ηII,new =

H02,ideal − H01
H02,new − H01

(5.32)

The updated efficiency is compared with assumed one, if the difference is very
small (i.e. Error < 1e-6) it means the efficiency converges and the process proceed
towards diffuser and volute section. If the difference is large the assumed efficiency
is replaced with updated one and the iteration is repeated until convergence.

5.1.10

Diffuser and Volute Section

The diffuser and volute section are stationary so it is assumed that no energy is
added after outlet of the impeller i.e. H03 = H02 , where, H03 is the total enthalpy
after diffuser and volute section. The loss in total pressure in diffuser and volute
section is estimated using appropriate value of loss factor from literature. So, the
total pressure after diffuser and volute section is given by,
P03 = P02 − KD,V (P02 − P2 )

(5.33)
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Pressure Ratio Convergence

After calculation of pressure at compressor exit, the compressor pressure ratio is
calculated using Eq. (5.34) and compared with target pressure ratio (i.e. required
pressure ratio from cycle thermodynamic analysis).
rc,iteration =

P03
P01

(5.34)

If the values are closed enough or error < 1e-6, the code completes the iteration
and results are attained otherwise impeller pressure ratio is updated using,
rc,impnew = rc,imp

5.1.12

rc

(5.35)

rc,iteration

Compressor Design Results

The 1D mean line design method described so far in this chapter is applied to
compressor design of supercritical CO2 BPHC and the geometry and performance
results are summarized in Table 5.4.
Table 5.4: Compressor geometry and performance results for supercritical
CO2 BPHC.

Geometric

Value

Parameter

Geometric

Value

Parameter

Performance

Value

Parameter

r1h

15 mm

b2

13.2 mm

rc,imp

3.53

r1

35.7 mm

Lb

196.6 mm

rc

3.48

r1t

48 mm

β1

72.880

ηtt

81.2%

t1

2.5 mm

β2

82.10

b1

33 mm

Zc

14

r2

89.3 mm

Turbomachinery Design

5.1.13

79

Validation of Compressor Design Code

The experiments on thermodynamic performance of sCO2 cycle and the performance of its turbomachinery are going on in Sandia National Laboratory [52]. The
sCO2 cycle experimental test loop comprises of compressor with mass flow of 3.53
kg/s and revolution speed of 75000 rpm. The geometric parameters and target
pressure ratio of the compressor under test are used as input to validate the 1D
mean line design code developed in this study. The input geometric parameters
and operating conditions of the compressor are shown in Table 5.5.
Table 5.5: Geometry and operating conditions of the compressor in Sandia
National Laboratory [52].

Input Parameter

Value

P01

7687 kPa

T01

305.30 K

P02

1398 kPa

ṁCO2

3.53 kg/s

ω

75000 rpm

r1h

2.5 mm

t1

0.762 mm

Z

17

cl

0.00025 mm

Under given operating conditions, the target pressure ratio of the compressor for
validation is P02 /P01 = 1.82. The comparison of results from 1D mean line design
code and experimental results from the compressor of Sandia National Laboratory
are shown in Table 5.6.
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Table 5.6: Comparison of results from 1D Mean line design code with experimental results.
Geometry Comparison

Efficiency Comparison

Sandia

Sandia

1D mean
Parameter

1D mean
National

line design

Parameter

Laboratory
code

CFD

National

[55]

Laboratory

line design
code

[52]
r1t

9.4 mm

9.4 mm

r2

18.7 mm

18.68 mm

b2

1.7 mm

1.7mm

[52]
ηtt

77.5%

76%

66.38%

The geometry results from 1D mean line design are in close agreement with experimental results; there is very negligible error. Whereas, the significant difference
is observed when total to total efficiency of the compressor is compared. The
main reason is the presence of windage losses in experimental test loop because
the compressor is running at very high revolution speed i.e. 75000 rpm. The
mean line design code in this study predict efficiency for low speed compressors
(at low speeds windage loses are minimal) since, it does not consider the windage
losses. Therefore, more accurate design code is required which accounts for extra
losses occur due to high speed of the compressor. Even though, the CFD analysis
done so far in literature also predicted the efficiency in the range of 76% [55] as
predicted by 1D mean line design code in this study.

5.2

Turbine Design

The turbine (T2) is designed for optimum waste heat recovery cycle i.e. Bottoming
Preheating sCO2 cycle (BPHC) using similar procedure as adopted for compressor
design. The design includes the calculation of nozzle geometry, rotor geometry and
efficiency of the turbine. Firstly, preliminary design procedure is used to estimate
the stages, revolution speed ‘N ’ and rotor diameter Dt of the turbine with the
help of Balje’s turbine diagram as shown in Fig. 5.9. Then, 1D mean line design
method is used to determine more size parameters and accurate turbine efficiency.
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The turbine design is easier compared to compressor design because it works far
away from the critical point (at high temperature and pressure) and variation of
properties like specific heat and density are not abrupt as illustrated in introduction chapter. The properties of sCO2 where required during the design process
are retrieved from REFPROP library as it has been done in case of compressor
design.
Both radial and axial turbines are used in sCO2 cycles depending on the mass flow
rate and power production capacity. Comparatively, radial turbines are easier to
manufacture and they show higher reliability in low power production applications
[65]. In case of BPHC, the radial turbine is more appropriate because the optimum
power output is 11.8 MW as shown in Table 4.4.

5.2.1

Preliminary Sizing

The equations of specific speed and specific diameter (Eqs. 5.1 and 5.2) are used
to determine the revolution speed and rotor diameter of the radial turbine (only
replace Dc with Dt in Eq. 5.2). The empirical studies on large number of turbines
shows that the optimum range of specific speed in which performance of the radial
turbine is maximum is 0.4 to 0.7. Based on that, the revolution speed and stages
of the turbine are decided using following steps:

1. The isentropic enthalpy drop ‘∆Hd ’ and turbine outlet density ρ4 is acquired
from thermodynamic analysis of turbine and REFPROP respectively. The
turbine outlet density is used to determine volume flow rate ‘Q’.
2. The optimum performance point (optimum NS ) is searched by studying the
specific speed ‘NS ’ at number of revolution speeds.
3. The specific diameter DS at optimum NS are determined using Cordier’s
lines derived from Balje’s turbine diagram. These Cordier’s line provide the
value of DS against NS for maximum turbine efficiency. The equation of
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Cordier’s line is given as [55],
−0.812
DS,comp = 2.056NS,turb

(5.36)

4. Finally, the turbine rotor tip diameter ‘Dt ’ is computed using relation of
specific diameter (Eq. 5.2).

By utilizing the above described procedure using Balje’s diagram, the value of
revolution speed is found to be 32000 rpm for specific speed ‘NS ’ = 0.57. The
preliminary design results for radial turbine of BPHC are summarized in Table
5.7.

Figure 5.9: Balje’s NS -DS diagram for Turbines.
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Table 5.7: Preliminary design results of the radial turbine of BPHC.

Parameter

Value

NS

0.57

N

32000 rpm

DS

3.25

Rotor tip diameter (Dt )

215 mm

Number of stages

Single stage

Turbine expected efficiency from Baljes charts

5.2.2

∼90%

1D Mean Line Turbine Design

The 1D mean line design process starts with value of estimated efficiency and
revolution speed found from preliminary sizing (shown in Table 5.7) as an input
value. The thermodynamic properties and geometry are computed at each section
of the turbine. Then, efficiency is corrected based on enthalpy losses occurring
in it and the process continues until the convergence of efficiency. In addition
to geometry of the rotor, velocities at rotor inlet and outlet are also calculated
and velocity triangles are constructed to illustrate the nature and direction of the
flow across the radial turbine rotor. The input parameters and design conditions
required for the design process are given in Table 5.8. The detail design procedure
is described in following steps:

1. The estimated efficiency i.e. 90% in this case (from preliminary design) is
used to calculate exit total enthalpy of the turbine using,
h04 = h01 − ∆Hd ηs

(5.37)

2. The fluid velocity (also known as discharge spouting velocity) and the rotor
inlet tangential velocity are calculated using following relations,
Cos =

p
2∆Hd

(5.38)
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U3b = vs Cos

(5.39)

Where, vs is velocity ratio whom value is taken from the best practice in
literature (Its value range provided in Table 5.8).
Table 5.8: Input parameters and design conditions for turbine 1D mean line
design code.

Turbine Parameters
Inlet total pressure (P03 )

Value
25.75 MPa

Outlet total pressure (P04 )

7.4 MPa

Inlet total temperature (T03 )

730.4 K

Mass flow rate (ṁ)

115.5 kg/s

Velocity ratio (vs )

0.6-0.8

Turbine efficiency (ηs ) from Preliminary sizing

90%

3. Using rotor inlet tangential velocity, rotor inlet radius r3b is calculated using
r3b =

U3b
ω

(5.40)

4. The component of fluid velocity in tangential direction C3bu is computed
using Eq. (5.41) and C3b is computed using trigonometry. The rotor inlet
and outlet thicknesses along with rotor outlet hub and shroud radiuses are
calculated using Eqs. (5.43) to (5.46).
U3b ηs
2vs2

(5.41)

C3bu
sin(α3 )

(5.42)

C3bu =

C3b =

t3b = 0.04r3

(5.43)
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t4 = 0.02r3

(5.44)

rh4 = 0.22r3

(5.45)

rs4 = 0.7r3

(5.46)

5. Pressure losses occur from turbine inlet volute section till rotor inlet. This
pressure loss is estimated using Eq. (5.47).
ρ03 ∆Hd (1 − ηs )
4

P03b = P03 −

(5.47)

6. The known thermodynamic properties at rotor inlet (P03b and h03b ) and rotor
inlet fluid velocity C3b are used to compute the static properties (h3b and ρ3b )
at rotor inlet.
7. The rotor inlet width is calculated using Eq. (5.48).
b3 =

ṁ
2πr3b ρ3b Cm3b

(5.48)

8. The density at rotor outlet ρ4 is assumed to find outlet fluid velocity Cm4
using Eqs. (5.49) and (5.50) is used to compute static enthalpy h4 at rotor
outlet. Using h4 and outlet pressure P4 , the density value is corrected.
ṁ
2πr4 ρ4 b4

(5.49)

1 2
h4 = h04 − Cm4
2

(5.50)

Cm4 =

9. The rotor outlet radius and width are calculated using Eqs. (5.51) and
(5.52).
r4 =

rh4 + rs4
2

(5.51)
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b4 = rs4 − rh4

(5.52)

10. The tangential velocity at rotor outlet is calculated using Eq. (5.53) and
number of turbine blades are estimated using Eq. (5.54).
U4 = r4 ω

Zt =

π
(110 − α3b ) tan α3b
30

(5.53)

(5.54)

11. The nozzle exit and inlet radius are then computed using Eqs. (5.55) and
(5.56).
r3a = r3b + 2b3 cos α3

(5.55)

r3
= 1.3
r3a

(5.56)

The velocity triangles at rotor inlet and outlet are drawn with the help of
calculated velocities and angles. The meridional view of the sCO2 cycle
turbine along with the velocity triangles are shown Figure 5.10.
12. The enthalpy losses occur in the turbine are calculated and outlet enthalpy
is updated using Eq. (5.57). The passage loss (∆hpass ), exit loss (∆hexit ),
nozzle loss (∆hnozz ) and tip clearance (∆htipcl ) loss are considered. The
correlations available in literature [64, 90, 91] are used to compute these
losses.
∆hloss,turb = ∆htipcl + ∆hexit + ∆hnozz + ∆hpass

(5.57)

13. The updated turbine efficiency based on updated outlet enthalpy is calculated using,
ηscorr =

∆Hd
∆Hd + ∆hloss,turb

(5.58)
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14. The updated turbine efficiency is compared with the estimated efficiency
specified at the start of the turbine design code. If the difference is small
i.e. ≤ 1e-3 then code stops and output geometry and efficiency are saved
otherwise code repeats with ηs = ηscorr until convergence. The final converged
results are summarized in Table 5.9.

Figure 5.10: (a) Meridional view showing main stations of the radial turbine;
(b) Rotor inlet velocity triangle;(c) Rotor outlet velocity triangle.
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Table 5.9: Radial turbine design results for BPHC.

5.2.3

Turbine Geometry

Turbine Efficiency

r3

160 mm

ηs

r3a

123 mm

r3b

115.8 mm

r4

53.3 mm

b3

14.1 mm

b4

55.6 mm

t3b

4.6 mm

t4

2.3 mm

β3b

27.140

β4

62.540

Zt

14

86.17%

Revised Performance Evaluation of BPHC and
CGTPHC

The compressor and turbine design codes are linked with cycle thermodynamic
analysis for precise calculation of cycle energy and exergy efficiencies. The optimum cycle configuration decided at the end of Chapter 4 is combined gas turbine
preheating cycle (CHTPHC). So, the assumed efficiencies specified prior in Table
3.1 are replaced with updated efficiency computed from 1D mean line design code
and thermodynamic results of BPHC and CGTPHC are updated. The updated
results of optimum cycle configuration are shown in Table 5.10. The updated
performance slightly decreases, however, the difference between two methods is
very small because the assumption was quite reasonable in simple uncoupled thermodynamic analysis as compared to coupled one. It does not indicate that the
turbomachinery design code has no significance; these design methods helps in
prediction of cycle performance during off-design conditions especially when there

Turbomachinery Design

89

are fluctuations in compressor inlet conditions during real time operation of sCO2
compressors.
Table 5.10: Comparison of thermodynamic results of CGTPHC from two
methods (a) Assumed compressor efficiency method (b) Predicted compressor
efficiency using 1D mean line design method.

Thermodynamic analysis coupled
Thermodynamic analysis with
with compressor and turbine
assumed turbomachinery efficiency
design code
ηc

80%

81.2% (Calculated from compressor
design code)

ηt

90%

86.17% (Calculated from 1D turbine
design code)

ηI,combined

46.8%

46.27%

ηII,combined

64.8%

64.3%

ηI,bottoming

23.8%

22.7%

ηII,bottoming

57%

55.8%

Chapter 6
Conclusion and
Recommendations
Waste heat recovery is one of the alternatives for increasing the energy efficiency
of the power cycles and sustaining the future energy demands. In this thesis,
supercritical carbon dioxide power cycles are employed as bottoming cycles to
recover the waste heat from topping gas turbine cycle and utilize it effectively
to produce more power. Three combined cycle configurations which comprises of
topping gas turbine cycle and bottoming sCO2 Brayton cycle are evaluated using
thermodynamic analysis, size and environmental impact. The thermodynamic
analysis (energy and exergy analysis) and optimization of the combined cycles are
carried out using Genetic method available in Engineering Equation Solver (EES)
to find the optimum point at which the power production as well as the exergetic
efficiency are maximum.
The performances of the combined cycles are compared with performance of simple
gas turbine cycle and the conventional air bottoming combined cycle (ABC). The
energy and exergy efficiency of the combined and bottoming sCO2 cycles, size and
mass flow rate and savings in exhaust emissions as a result of waste heat recovery
are considered as the key measures during comparison for selecting the optimum
combined cycle. It is found that, CGT-sCO2 cycles performed better than ABC
90
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and simple gas turbine cycle (SGT). Moreover, the optimum combined cycle having maximum exergetic efficiency and environmental advantage is CGTPHC. The
energy and exergy efficiency of the CGTPHC are 46.8% and 64.8%, respectively.
After thermodynamic analysis and comparison, this study focused on design of
turbomachinery for optimum bottoming sCO2 cycle using preliminary and 1D
mean line design methodologies. The design is divided into three phases: 1) Selection of type of turbomachinery, 2) Preliminary design to compute the stages,
revolution speed and impeller tip diameter of the turbomachinery and 3) 1D mean
line design for calculating the complete geometry and performance of the turbomachinery. The objective in turbomachinery design is to determine the geometry,
stages and efficiency of the compressor and the turbine based on internal and
external losses associated with the turbomachinery. The design calculations are
performed in MATLAB combined with REFPROP fluid property library in order
to get thermodynamic data of sCO2 at each stage. In addition, turbomachinery
design code is coupled with thermodynamic analysis calculations to determine the
updated cycle performance. The compressor design code is also validated with
experimental results and reasons of deviation is also discussed.
The thermodynamic analysis and turbomachinery design code developed in this
study are robust and adaptive that is, they can be applied to other heat sources
and operating environment like geothermal, biomass and solar energy sources.
On the basis of theoretical analysis and comparison with conventional power systems, the supercritical CO2 power cycles proves to be a promising technology for
waste heat recovery applications. However, the analysis and design codes can be
made more realistic if following steps are taken:

1. The integrated performance analysis code should be developed which incorporate the design and sizing of turbomachinery, regenerators, recuperators
and piping system for sCO2 power cycles.
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2. The theoretical design codes should investigate the response of the cycles in
off-design conditions. Data-driven mathematical models can also be implemented to forecast the performance of the supercritical CO2 cycles.
3. Life cycle cost analysis should be done which can further clarify the details
on economics of this power system.
4. With the advancement of state-of-the-art turbomachinery and heat exchangers, experimental testing loop of large scale (i.e., ≈40 MW) should be established which will help in validation and improvement of the design codes.
Some of the small-scale test loops under consideration are developed by various institutes and companies [92, 93]. For large capacity testing loops, there
are challenges like material selection, improvements in design of bearing and
seals and innovations required in structure design of heat exchangers.
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EES Code for CGTREC
$REFERENCE CarbonDioxide IIR
FUNCTION Cmin(C b,C exh)
IF(C exh>C b) THEN C min = C b ELSE C min = C exh ENDIF
Cmin:=C min END
FUNCTION Tfive(T 1, P 1, P 2,m dot, eff comp1, eff comp2, eff turb, eff htr,
eff ltr, eff regen,T 4t, C exh, x max,m dot ta)
“Initial Guess”
T 5:= 700
REPEAT
h 5:= ENTHALPY(CarbonDioxide,T=T 5,P=P 2)
“Finding h 1 and h 2, First Compression Process”
h 1:= ENTHALPY(CarbonDioxide,T=T 1,P=P 1)
s 1:= ENTROPY(CarbonDioxide,T=T 1,P=P 1)
s 2: = s 1
h 2a:= ENTHALPY(CarbonDioxide,s=s 2,P=P 2)
h 2: = ((h 2a - h 1) / eff comp1 ) + h 1
T 2:=Temperature(CarbonDioxide,h=h 2,P=P 2)
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Appendix-A1
“Integrated Heat Exchanger”
h 4t:=Enthalpy(Air,T=T 4t)
C b: =(Cp(CarbonDioxide,T=T 5,P=P 2)) * m dot
C min:= Cmin(C b,C exh)
T 3:= (eff regen * (C min/C b) * (T 4t - T 5)) + T 5
h 3:= ENTHALPY(CarbonDioxide,T=T 3,P=P 2)
Q1:= m dot * (h 3 - h 5)
“Finding h 4, Expansion Process”
s 3:=Entropy(CarbonDioxide,h=h 3,P=P 2)
s 4:= s 3
h 4a:=Enthalpy(CarbonDioxide,s=s 4,P=P 1)
h 4:= h 3 - (eff turb * (h 3 - h 4a))
T 4:=Temperature(CarbonDioxide,h=h 4,P=P 1)
“Finding h 8 and h 9, High temperature recuperation process”
h 8:= (h 5 - (h 4 * eff htr)) / (1-eff htr)
h 9:= h 4 - h 5 + h 8
T 9:=Temperature(CarbonDioxide,h=h 9,P=P 1)
“Finding h 7 and h 6, Low temperature recuperation process”
C b 9: =(Cp(CarbonDioxide,h=h 9,P=P 1)) * m dot
C b 2: =(Cp(CarbonDioxide,h=h 2,P=P 2)) * m dot*x max
C min ltr:= Cmin(C b 9,C b 2)
h 7:= (eff ltr * ((C min ltr / m dot)*(T 9 - T 2))) + h 2
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h 6:= h 9 - (x max * (h 7 - h 2))
“Finding h 10, Second Compression process”
s 6:= ENTROPY(CarbonDioxide,h=h 6,P=P 1)
s 10:= s 6
h 10a:=Enthalpy(CarbonDioxide,s=s 10,P=P 2)
h 10:= ((h 10a - h 6) +(h 6* eff comp2)) / (eff comp2)
“Finding h 8, Mixing process”
h 8 new:= ((1- x max) * h 10) + (x max * h 7)
h 5 new:= h 4 - h 9 + h 8 new
T 5 new:=Temperature(CarbonDioxide,h=h 5 new,P=P 2)
C b new:=(Cp(CarbonDioxide,T=T 5 new,P=P 2)) * m dot
C min new:= Cmin(C b new,C exh)
T 3 new:= (eff regen * (C min new/C b new) * (T 4t - T 5 new)) + T 5 new
h 3 new:= ENTHALPY(CarbonDioxide,T=T 3 new,P=P 2)
Q1 new:= m dot * (h 3 new - h 5 new)
Error:= abs((Q1 new - Q1)/Q1 new)
T 5:= T 5 new
UNTIL(Error<0.0001)
Tfive:=T 5
END
“Base INPUT Parameters”
T 1 = 304.25[K]
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P 1 = 7.4[MPa]
r c =2.5
P2=rc*P1
eff comp1 = 0.80
eff comp2 = 0.80
m dot ta =105[kg/s]
MFRR = 1.6 Input parameter
m dot = MFRR * m dot ta
“eff turb = 0.90”
eff htr = 0.85
eff ltr = 0.7
“x max = 0.55” Input parameter
eff regen = 0.85
C exh = 117.2
Cp exh = 1.116
T 4t =880 [K]
m dot g = 107.1[kg/s]
P 4t = 0.101325 [MPa]
“CALCULATIONS”
h 4t=Enthalpy(Air,T=T 4t)
T 5 corr = Tfive(T 1, P 1, P 2,m dot, eff comp1, eff comp2, eff turb, eff htr,
eff ltr,eff regen,T 4t, C exh, x max,m dot ta)

Appendix-A1
h 5= ENTHALPY(CarbonDioxide,T=T 5 corr,P=P 2)
s 5= ENTROPY(CarbonDioxide,T=T 5 corr,P=P 2)
s 4t = ENTROPY(Air,T=T 4t,P=P 4t)
“ExhaustOUT”
Cp b = (Cp(CarbonDioxide,T=T 5 corr,P=P 2))
C b=(Cp(CarbonDioxide,T=T 5 corr,P=P 2)) * m dot
C min= Cmin(C b,C exh)
“T 5t = T 4t - (eff regen * (C min/C exh) * (T 4t - T 5 corr))”
s 5t = ENTROPY(Air,T=T 5t,P=P 4t)
h 5t = h 4t - (eff regen * ((C min/m dot g) * (T 4t - T 5 corr)))
“h 5t=Enthalpy(Air,T=T 5t)”
T 5t=Temperature(Air,h=h 5t)
“Finding h 1 and h 2, First Compression Process”
h 1= ENTHALPY(CarbonDioxide,T=T 1,P=P 1)
s 1= ENTROPY(CarbonDioxide,T=T 1,P=P 1)
s 2= s 1
h 2a= ENTHALPY(CarbonDioxide,s=s 2,P=P 2)
h 2= ((h 2a - h 1) / eff comp1 ) + h 1
T 2=Temperature(CarbonDioxide,h=h 2,P=P 2)
s 2a=Entropy(CarbonDioxide,h=h 2,P=P 2)
rho 1 =Density(CarbonDioxide,T=T 1,P=P 1)
rho 2 =Density(CarbonDioxide,T=T 2,P=P 2)
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“Integrated Heat Exchanger”
T 3= (eff regen * (C min/C b) * (T 4t - T 5 corr)) + T 5 corr
h 3= ENTHALPY(CarbonDioxide,T=T 3,P=P 2)
Q absorbed= m dot * (h 3 - h 5)
Cp b2 = (Cp(CarbonDioxide,T=T 3,P=P 2))
Cp avg = (Cp b + Cp b2) /2
“Finding h 4, Expansion Process”
s 3=Entropy(CarbonDioxide,h=h 3,P=P 2)
s 4= s 3
h 4a =Enthalpy(CarbonDioxide,s=s 4,P=P 1)
h 4= h 3 - (eff turb * (h 3 - h 4a))
T 4=Temperature(CarbonDioxide,h=h 4,P=P 1)
s 4a=Entropy(CarbonDioxide,h=h 4,P=P 1)
rho 3 =Density(CarbonDioxide,T=T 3,P=P 2)
rho 4 =Density(CarbonDioxide,T=T 4,P=P 1)
“Finding h 8 and h 9, High temperature recuperation process”
h 8= (h 5 - (h 4 * eff htr)) / (1-eff htr)
T 8=Temperature(CarbonDioxide,h=h 8,P=P 2)
s 8= ENTROPY(CarbonDioxide,h=h 8,P=P 2)
h 9= h 4 - h 5 + h 8
T 9=Temperature(CarbonDioxide,h=h 9,P=P 1)
s 9= ENTROPY(CarbonDioxide,h=h 9,P=P 1)
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“Finding h 7 and h 6, Low temperature recuperation process”
C b 9=(Cp(CarbonDioxide,h=h 9,P=P 1)) * m dot
C b 2=(Cp(CarbonDioxide,h=h 2,P=P 2)) * m dot * x max
C min ltr= Cmin(C b 9,C b 2)
h 7= (eff ltr * ((C min ltr / m dot)*(T 9 - T 2))) + h 2
T 7=Temperature(CarbonDioxide,h=h 7,P=P 2)
s 7= ENTROPY(CarbonDioxide,h=h 7,P=P 2)
h 6 = h 9 - (x max * (h 7 - h 2))
T 6=TEMPERATURE(CarbonDioxide,h=h 6,P=P 1)
P6= P HASE(CarbonDioxide,T=T 6, P= P 1)
“Finding h 10, Second Compression process”
s 6= ENTROPY(CarbonDioxide,h=h 6,P=P 1)
s 10 = s 6
h 10a =Enthalpy(CarbonDioxide,s=s 10,P=P 2)
h 10 = ((h 10a - h 6) +(h 6* eff comp2)) / (eff comp2)
T 10=Temperature(CarbonDioxide,h=h 10,P=P 2)
s 10a = ENTROPY(CarbonDioxide,h=h 10,P=P 2)
rho 6 = Density(CarbonDioxide,T=T 6,P=P 1)
rho 10 =Density(CarbonDioxide,T=T 10,P=P 2)
“Q out”
Q out = x max * m dot * (h 6 - h 1)
“Power Out and Efficiencies”
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W c = x max * m dot * (h 2 - h 1)
W c2 = (1- x max) * m dot * (h 10 - h 6)
Win b = W c +W c2
W t = m dot * (h 3 - h 4)
W net b = W t -W c -W c2
W net t = 35469[kW]
Q input = 101130[kW]
Q recovery exh= m dot g * (h 4t - h 5t)
W net out = W net t +W net b
THERMALeff combined = ((W net b + W net t )/Q input)*100
ThermEff b = (W net b/Q absorbed) * 100
ThermEff b2 = (W net b/Q input) * 100
ThermEff t = (W net t/Q input) * 100
deltaT cold = T 3 - T 5 corr
x = 1 - x max
“Cooling water in cooler”
m w = 120[kg/s]
Pw = 0.101325 [MPa]
Tw in = 298[K]
hw in=Enthalpy(Water,T=Tw in,P=Pw)
hw out = hw in+ (Q out/m w)
Tw out=Temperature(Water,P=Pw,h=hw out)
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sw in=Entropy(Water,T=Tw in,P=Pw)
sw out=Entropy(Water,h=hw out,P=Pw)
“EXERGY ANALYSIS”
“TOPPING CYCLE”
s 1t = 5.712
h 1t = 303.4
Ed c1 = 2861[kW]
Ed t1 = 4193[kW]
Ed cc = 7803 [kW]
“BOTTOMING CYCLE”
T o = 298[K]
T 1t =303.4[K]
T oair = T o
ExIN= 80904
ExINnet = (m dot g * (h 4t - h 5t - (T oair * (s 4t -s 5t))))
ExINnetA = (m dot * (h 3 - h 5 - (T o *(s 3 - s 5))))
P o = P 4t
h o = Enthalpy(Air,T=T oair)
s o = ENTROPY(Air,T=T oair,P=P o)
Exinput = m dot g *(((h 4t - h o) - (T o *(s 4t - s o))))
Exout = m dot g *(((h 5t - h o) - (T o *(s 5t - s o))))
E d T2 = (-W t) + (m dot * (h 3 - h 4 - (T o * (s 3 -s 4a))))
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E d T2a = m dot * ((T o * (s 4a -s 3)))
E d c2 = (W c) + (m dot * (x max )* (h 1 - h 2 - (T o * (s 1 - s 2a))))
E d c2a = m dot * (x max )* ((T o * (s 2a -s 1))) Checking of two methods
E d c3 = (W c2) + (m dot * (1- x max) * (h 6 - h 10 - (T o * (s 6 - s 10a))))
E d c3a = m dot * (1-x max) * ((T o * (s 10a -s 6))) Checking of two methods
E d IHX = (m dot * (h 5 - h 3 - (T o *(s 5 - s 3)))) +ExINnet
E d IHXa = (((m dot * (s 3-s 5))+(m dot g*(s 5t-s 4t))) * T o)
E d LTR = (m dot * (x max)* ((h 2 - h 7) - (T o * (s 2 - s 7)))) + (m dot * ((h 9
- h 6) - (T o * (s 9 - s 6))))
E d LTRa = ((m dot * x max* (s 7-s 2))+(m dot *(s 6-s 9))) * T o
E d HTR = (m dot * ((h 4 - h 9) - (T o * (s 4 - s 9)))) + (m dot * ((h 8 - h 5) (T o * (s 8 - s 5))))
E d HTRa = ((m dot * (s 9-s 4))+(m dot *(s 5-s 8))) * T o
E d cooler = (m dot * (x max)* (h 6 - h 1 - (T o *(s 6 - s 1)))) + (m w * (hw in
- hw out - (T o *(sw in - sw out))))
“E d cooler = (m dot * (x max)* (h 6 - h 1 - (T o *(s 6 - s 1)))) - ((m dot *
(x max) * (h 6 - h 1))*(1- (T o/T 1)))”
Qmix= (h 8 - (h 10* (1-x max)) - (h 7 *x max))*m dot
Edqmix = Qmix /T 8
E d mix = ((m dot * (s 8))-(m dot *(1-x max)*s 10a) - (x max* m dot * s 7)) *
To
“Exergetic efficiency”
ExoutA = Exinput - ExINnet
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IRR total = E d IHX+ E d LTR + E d HTR + E d T2 + E d c2 + E d cooler+
E d c3+Ed t1+Ed c1+Ed cc +E d mix
E = ((ExIN - IRR total- Exout) / ExIN) * 100
E1 = (W net out ) / ExIN
“Exergy efficiency of bottoming cycle”
Tavg = ((h 4t - h 5t) / (s 4t - s 5t))
ExIN bot = (Q absorbed* (1- (T o/Tavg)))
IRR bot = E d IHX+ E d LTR + E d HTR + E d T2 + E d c2 + E d cooler+
E d c3 +E d mix
Ef bot = 1 - ((IRR bot) / ExIN bot )
Ef bot2 = (W net b ) / ExIN bot
Ef bot3 =1 - ((IRR bot) / ExINnet)
Ef bot4=((W net b) / ExINnet)
Total= IRR total + Exout + W net out
Totalb = IRR bot + W net b
“Environmental Advantage”
HR gt =7870
Ef gt = 53.07
aCO2 gt = ((HR gt * Ef gt) / 1e6) * 0.454
HR cc = 7870
Ef cc= 53.07
aCO2 cc= ((HR cc * Ef cc) / 1e6)
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MCO2 = (aCO2 cc * W net b)
Apet = 0.266 [L/kWh]
t oper = 24[h]
Mpe = W net b*Apet
“Turbomachinery sizing”
Average densities
rhoavg 1 = (rho 1 + rho 2)/2
rhoavg 2 = (rho 6 + rho 10)/2
rhoavg 3 = (rho 3 + rho 4)/2
Turbine
Hdrop = (h 3 - h 4) *1000
Q t = m dot / rhoavg 3
Nrpm t = 15000
St=4
Nrad t = 0.105 * Nrpm t
Ns t = (((Q t)ˆ0.5) * (Nrad t))/ (Hdrop/S t)ˆ0.75
Ds t = 2.056 * ((Ns t)ˆ(-0.812))
Dt = (Ds t * (Q t)ˆ0.5) / ((Hdrop/S t)ˆ0.25)
Compressor
S c =4
Hrise= (h 2 - h 1) * 1000
Q c = (m dot * x max) / rhoavg 1
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Nrpm c =Nrpm t
Nrad c = 0.105 * Nrpm t
Ns comp = (Nrad c * (Q c)ˆ0.5) / (Hrise/S c)ˆ0.75
Ds c = 2.719 *(Ns compˆ(-1.092))
Dc = (Ds c * (Q c)ˆ0.5) / ((Hrise/S c)ˆ0.25)
Recompressor
S rc =4
Hrise r= (h 10 - h 6) * 1000
Q rc = (m dot * (1-x max)) / rhoavg 2
Nrpm rc =Nrpm t
Nrad rc = 0.105 * Nrpm t
Ns rcomp = (Nrad rc * (Q rc)ˆ0.5) / (Hrise r/S rc)ˆ0.75
Ds rc = 2.719 *(Ns rcompˆ(-1.092))
Drc = (Ds rc * (Q rc)ˆ0.5) / ((Hrise r/S rc)ˆ0.25)
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MATLAB Code for Compressor
Design
clc
clear all;
%%
%########## INPUT PARAMETERS ###########
mdot = 115.5; %Mass flow rate
T1 = 304.25; %Inlet total temperature (K)
N = 32000; %Blade speed (rpm)
Nrad = 0.105 * N; %rad/s
P1 = 7400; %Inlet total pressure (kPa)
alpha = 1.4; %Inlet swirl angle (degrees)
alpha1 = alpha * (pi/180); %Inlet swirl angle (radians)
r1 h = 15e-3; %Inlet hub radius (m)
t1 = 2.5e-3; %Inlet blade thickness
Z f = 8; %Number of full blades
Z s = 6; %Number of splitter blades
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Z t = Z f + Z s; %Total number of blades
% Target Stage Pressure ratio guess value
PR target = 3.48;
% Rotor Pressure ratio guess value
PR est(1) = 3.5;
% Total to total efficiency (estimated)
eff tt(1) = 0.8;
%########## Impeller Geometry ###########
clrn = 0.00025; % Tip clearence
r1 t = r1 h * 3.2; % r1 t/r1 h = 3 (using radius ratio in literature)
b1 = r1 t - r1 h;
r1 s = r1 t + clrn;
r1 = sqrt((0.5* r1 sˆ2) + (0.5 * r1 hˆ2)); %Mean inlet radius r1
r2 = r1 * 2.5; % r2 t/r1 = 2.4 (using outlet radius ratio in literature)
b2 = 0.4*b1;
%%
%########## Impeller Inlet ###########
%Impeller Total Inlet properties
H1 = refpropm(‘H’,‘T’,T1,‘P’,P1,‘CO2’); %total inlet Enthalpy
S1 = refpropm(‘S’,‘T’,T1,‘P’,P1,‘CO2’); %total inlet Entropy
D1 = refpropm(‘D’,‘T’,T1,‘P’,P1,‘CO2’); %total inlet Density
%Inlet Area
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A1 = (pi* r1 sˆ2) - (pi* r1 hˆ2);
%Inlet blade velocity at radius r1,r1s,r1h
U1 = r1 * Nrad;
U1s = r1 s * Nrad;
U1h = r1 h * Nrad;
U1t = r1 t * Nrad;
% Inlet static density and static enthalpy function
[rho s1,Hs1,C1,err] = inletdensity(mdot,alpha1,D1,H1,S1,A1);
%Ps 1 = refpropm(‘P’,‘H’,Hs1,‘D’,rho s1,‘CO2’); % Inlet static pressure
Ps 1 = refpropm(‘P’,‘H’,Hs1,‘S’,S1,‘CO2’);
% Inlet Axial velocity
C1a = C1 *cos(alpha1);
% Inlet Relative velocity and angle beta1
C u1 = C1* sin(alpha1);
W u1 = U1 - C u1;
W1 = sqrt((W u1ˆ2) + (C1aˆ2));
beta1 = (atan(W u1/C1a))* (180/pi);
W u1s = U1s - C u1;
W1s = sqrt((W u1sˆ2) + (C1aˆ2));
W u1h = U1h - C u1;
W1h = sqrt((W u1hˆ2) + (C1aˆ2));
W u1t = U1t - C u1;
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W1t = sqrt((W u1tˆ2) + (C1aˆ2));
%########## Impeller outlet ###########
eff ttnew = zeros();
PR new = zeros();
E = zeros();
for j = 1:50 % Pressure ratio correction loop
P2(j) = PR est(j) * P1;
for i=1:500 % Total to total efficiency correction loop
S2 isen = S1; % Isentropic outlet total entropy
H2 isent = refpropm(‘H’,‘P’,P2(j),‘S’,S2 isen,‘CO2’); %Total isentropic outlet Enthalpy
H2 act = ((H2 isent - H1)/eff tt(i)) + H1; % Actual outlet total enthalpy
S2 act = refpropm(‘S’,‘P’,P2(j),‘H’,H2 act,‘CO2’); % Actual outlet total entropy
T2 = refpropm(‘T’,‘P’,P2(j),‘H’,H2 act,‘CO2’); % Actual outlet total temperature
A2 = ((2* pi * r2) - ((Z t)*t1))*b2; % Outlet blade area
U2 = r2 * Nrad; % Outlet blade velocity
C u2 = (H2 act - H1 + (U1 * (C1* sin(alpha1))))/U2;
% Outlet static density and static enthalpy function
D2 = refpropm(‘D’,‘H’,H2 act,‘P’,P2(j),‘CO2’); %total outlet Density
[rho s2,Hs2,C2,Cr2,err2] = outletdensity(mdot,D2,A2,C u2,H2 act,S2 act);
Ps 2 = refpropm(‘P’,‘H’,Hs2,‘S’,S2 act,‘CO2’); % Outlet static pressure
H2s isent = refpropm(‘H’,‘P’,Ps 2,‘S’,S2 isen,‘CO2’); %static isentropic outlet Enthalpy
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V 2 = refpropm(‘V’,‘H’,Hs2,‘D’,rho s2,‘CO2’); % Outlet viscosity
alpha2 = (acos(Cr2/C2)) * (180/pi); % alpha2 in degrees
alpha2 rad = (acos(Cr2/C2)); %alpha2 in radians
% Outlet Beta angle and Relative velocity
W u2 = U2 - C u2;
beta2 = (atan(W u2/Cr2))* (180/pi);
W2 = sqrt((W u2ˆ2) + (Cr2ˆ2));
%########## Enthalpy Losses correlations ###########
%Incidence loss
L Inc = 0.5 * ((W u1ˆ2)/2);
%Blade Loading loss
deltaH = H2 act - H1;
Denom = (W1s/W2)* (((Z t/pi)*(1-(r1 s/r2))) + ((2*r1 s)/r2));
Df = (1- (W2/W1t)) + (((0.75 * deltaH)/U2ˆ2)/(Denom));
L bl = 0.05 * (Dfˆ2) * (U2ˆ2);
%Clearence loss
L clr = (0.6/b2) * (C u2*clrn) * (sqrt(((4* pi) / (b2 * Z t))*(C u2 * C1a) *
(((r1 tˆ2) - (r1 hˆ2))/((r2 - r1 t)*(1 + (D2/D1))))));
%Skin friction loss
Cf = 0.005;
C1s = C1;
Wavg = (C1s+C2+W1s+(2*W1h)+(3*W2))/8;
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Lb = r1 t +(2*r2) - (2*r1 h);
Lb2 = (Z t - (b2/2))+ ((0.5)*(((2*r2)-(2*r1))/cosd(beta2)));
Dh = pi * (((r1 t*2)ˆ2 - (r1 h*2)ˆ2)/((pi * (2*r1 t)) + (2*Z t * ((r1 t*2) (r1 h*2)))));
L skinf = (2 * Cf * (Wavgˆ2) * Lb )/Dh;
%Disc friction loss
Re df = D2 * U2 * (r2/V 2);
rho avg = (D2+D1)/2;
if Re df > 3e5
f df = (0.0622 /(Re dfˆ0.2));
else f df = (2.67 /(Re dfˆ0.5)); end
L df = f df * ((rho avg * (r2ˆ2) * (U2ˆ3))/(4*mdot));
% Recirculation loss
L rc = (8e-5) * (U2ˆ2) * (Dfˆ2) * (sinh(3.5 * (alpha2 radˆ3)));
% Mixing loss
D eq = (W1+W2 + (4*pi*r2 * (((U2*C u2)-(U1*C u1))/(U2*Z t*Lb))))/2;
if D eq <= 2
W sep = W2;
else
W sep = W2*(D eq/2);
end
Cm wake = sqrt(W sepˆ2 + W u2ˆ2);
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Cm mix = ((Cr2* A2 )/ (pi * b2 * 2 * r2));
e wake = 1-(Cm wake/Cm mix);
L mix = (1 / (1+(tan(alpha2 rad))ˆ2)) * ((C2ˆ2) / 2) * ((1- e wake - 0.8)/(1e wake))ˆ2;
%########## Efficiency Correction ###########
H2 actnew = H2 isent + (L Inc + L mix + L bl + L clr + L skinf + L df + L rc);
eff ttnew(i) = ((H2 isent - H1)/(H2 actnew - H1));
eff ts(i) = ((H2s isent - H1)/(H2 actnew - H1));
E(i) = abs(eff ttnew(i) - eff tt(i));
if E(i) < 1e-8 break else eff tt(i+1)=eff ttnew(i); end
end
%%
%########## Pressure ratio Correction (Outer loop)###########
kd = 0.08; % Diffuser loss coefficient
P3 = P2(j) - (kd * ( P2(j) - Ps 2));
S3 = refpropm(‘S’,‘P’,P3,‘H’,H2 act,‘CO2’);
PR new(j) = P3 / P1;
E2(j) = abs(PR new(j) - PR target);
if E2(j) < 1e-8
break
else
PR est(j+1)=PR est(j) * (PR target / PR new(j));
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end
end
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